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Abstract

Universal concerns about degradation in air quality, stringent emissions regulations, energy scarcity,
and global warming have prompted research and development of compressed ignition engines using
alternative combustion concepts. Natural gas/diesel dual-fuel combustion is an advanced combustion
concept for compression ignition diesel engines, which has attracted global attention in recent years.
This combustion concept is accomplished by creating reactivity stratification in the cylinder via the
use of two fuels characterized by distinctly different reactivities. The low reactivity and main fuel
(i.e., natural gas) is firstly premixed with air and then charged into the cylinder through the intake
manifold, and the high reactivity fuel (i.e., diesel) is then injected into the charged mixture through a
direct injector. This combustion concept offers prominent benefits in terms of a significant reduction
of particulate matter (PM) and sometimes nitrogen oxides (NOXx) emissions while maintaining
comparable fuel efficiency compared to diesel engine. However, low thermal efficiency and high
greenhouse gas (GHG) emissions under low load conditions are major challenges which prevented

the implementation of dual-fuel concept in commercial automative engines.

The present study investigates different combustion approaches with the aim to enhance combustion
performance and reduce emissions of unburned methane, CO, NOXx, soot, and GHG of natural
gas/diesel dual-fuel engines under different engine load-speed conditions. In particular, the main
focus of this thesis is on low load conditions where GHG emissions of conventional natural gas/diesel
dual-fuel engine is much higher than that of conventional diesel engine. Alongside the experimental
study, a computational fluid dynamic (CFD) model is developed to help understand the behaviour of

natural gas/diesel dual-fuel combustion process under different engine load-speed conditions.

The studied approaches showed that the fuel efficiency and GHG emissions of natural gas/diesel
dual-fuel engine can be significantly improved under low engine load conditions compared to diesel

engine.



Acknowledgements

First, I have to thank my research supervisors Dr. Madjid Birouk and Dr. Hongsheng Guo who offered
continuous advice and encouragement throughout the course of this thesis. Without their assistance
and dedicated involvement in every step throughout the process, this thesis would have never been
accomplished. | really would like to appreciate them for their support and understanding over these

past four years.

I also would like to thank my committee members, Dr. (External Examiner), Dr. Robert Derksen,
and Dr. Marolo Alfaro for their efforts put into reviewing the thesis, and their invaluable comments
and suggestions. The help of Mr. Brian Liko from NRC in preparing and running the engine test and

sharing his technical expertise for this project is greatly appreciated.

I would like to acknowledge the financial support received from the University of Manitoba Graduate
Scholarship (UMGF). Funding for the experimental work was provided by Natural Resources Canada
through the PERD Energy End Use (project 3B03.003) and National Research Council Canada
through the internal Bioenergy Program. CONVERGENT Science Inc. and Compute Canada are
gratefully acknowledged for providing CONVERGE CFD software and advanced computing

systems, respectively.

Finally, and most importantly, none of this was possible without the encouragement and supports that
I received from my family who have sacrificed their lives for me and provided unconditional love
and care. | would like to dedicate this thesis to my beloved parents, sister, and brother. They have

always given me the determination to overcome many trying moments to pursue my dreams.



Table of Contents

Chapter 1 2 INtrOAUCTION .....ceiiieeeiee ettt r e nn bbb 1
1.1.  BAackground N0 SCOPE ........ciueruiiuiriiiiiaiieieie ittt b ettt b nn e 1
1.1.1.  Natural gas as alternative fuels for diesel engine..........cccccooeriiiiiiieieiere e 3

1.2. Problem definition and MOTIVATION...........cuiiiiiiiiiie e 5
1.2.1. Natural gas/diesel dual-fuel engine at low to medium load conditions......................... 6
1.2.2.  Natural gas/diesel dual-fuel engine at medium to high load conditions....................... 7

1.3, RESEAICH OBJECLIVES ...t 7
1.4, OULHNE OF the ThESIS. . ..eiieiieieee et reesreenne s 8
1.5, REIEIEINCES ...ttt bbbttt b b anes 10

Chapter 2 : An experimental and numerical study of the effect of diesel injection timing on natural

gas/diesel dual-fuel combustion at [oOW 10ad..............cccoiiiiiiii i 15
2.0, ADSEIACT ...t bbbttt 15
2.2, INTFOTUCTION ...tk e ekt b bttt ne et e 16
2.3. Experimental Setup and PrOCEAUIE ........ccueiviiiiiiiii e 20

2.3 1. TESTENGINE .ttt b bbbttt n e bbbt 20
2.3.2.  Fuels and their SUPPIY SYSTEMS ......ocviiiiiiiiiieiee e 20
2.3.3.  Test procedure and CONAITIONS .........ccceeiviiieiieie e 21
2.4, NUMENICAl MOUEL ... s 22
2.4.1.  Flow and combustion modelling..........ccccooiiiiiiiiiiiie e 22
2.4.2.  SPray MOGEIIING .......ooiiiiieeee e 23



2.4.3.  Computational domain and initial CONAITIONS...........ccciiiiiiiiiiiiie e 24

244, TESECONUITIONS .....veiiiieiieiie ettt r et e e e st e nbeesaeeneenreenneas 26
2.5, RESUILS AN JISCUSSION......ccuiiiiieiiieie ettt sttt st e be e e s steeneesreesneenee s 27
2.5.1.  Effect of diesel injection timing on combustion performance..............cccocevcvvieieennns 27
2.5.2.  Effect of diesel injection timing 0N eMISSIONS...........cccvivieiiierieiieseere e 36
2.6, CONCIUSIONS ...ttt b bbbt b e bt e ettt st b e beenes 42
2.7, REIEIBNCES ..ottt ettt et s e bt e b e e r e b et e e e nne e te e re e reenee s 44

Chapter 3 : An experimental and numerical study on diesel injection split of a natural gas/diesel dual-

fuel engine at @ IoW eNgINE 108G ..........ooiiiiiiie e 52
B L. ADSIFACT ...ttt bbbttt bbb 52
3.2, INEFOTUCTION ...ttt b bbbt 53
TR T o d 1= 11111 11 OSSP SRPSOSN 56

T 50 T - =12V 11 SRS OSRPRPSN 56
3.3.2.  Fuels and their SUPPIY SYSTEMS ......ocviiiiiiiiiiiieiee e 58
3.3.3.  Test procedure and CONGITIONS ..........coereriiiiieieie et 59
3.3.4.  Diesel INJECLION SIFALEGIES .....c.eeiiiiiiite ittt bbb 59
3.4, NUMENICAl MOEIS ... 60
3.4.1.  Flow and combustion modelling..........ccccooveiiiiiiieiic e 60
3.4.2.  SPray MOUEHING ...cc.eeiiieie e 61
3.4.3.  Computational domain and initial CONAITIONS ..........cccccoiiiiiiiiiiiee e 62
344, TESE CONAITIONS ....vetiiiitiitiet ettt ettt b bbbt e e bbb bbb eene e 63



3.5, RESUIE AN AISCUSSION ...coeeeeeeeeeeeeeeee e 63

3.5. 1. SINGIE INJECLION ..ot e b 64
3.5.2.  SPIEINJECLION ...ttt bbb 68
3.5.2.1.  Effect of split injection on combustion characteristics.............ccccvvvivereriiesieennens 68
3.5.2.2.  Effect of split injection on engine performance and emissions............cccccceevennene 77

3.8, CONCIUSTONS ...ttt b et b bbb et b e 81
BT, RETEIBNCES ...ttt bbbttt 83

Chapter 4 : Effect of diesel injection timing on the combustion of natural gas/diesel dual-fuel engine

at low-high load and low-high speed CONAItIONS ..........cccooiiiiiiiiiee e 90
AL ADSTIACT ...ttt bbb bbb Rttt bbb b 90
4.2, INEFOTUCTION ..ottt bbbt e et b et 91
O T |V 1= 1 g oo (o] o | S SPSRPPSSN 93

4.3.1.  EXPErimMental SELUP......coivoiiiieiiee ettt ettt e 93
4.3.2.  NUMENICAl MOGEL.......coiiiiiiiiei e 95
4.3.3.  MOdel ValIdation ..........ccoiiiiiiiieee e 96
4.4, RESUIL AN TISCUSSIONS. ....c.veitiitiitiitieiieiee ettt sttt sttt b et n bbb be s e 97
4.5, CONCIUSTONS ...ttt bbbt b et b bbb nr ettt 106
4.6, RETEIBNCES .. .o 107

Chapter 5 : On greenhouse gas emissions and thermal efficiency of natural gas/diesel dual-fuel engine

at low load conditions: Coupled effect of injector rail pressure and split injection ........................ 112

B L. ADSETACT e 112



B2, INEOTUCTION . 113

5.3.  Experimental setup and test methodology ...........coeieiiiiiiniiiiieeee e 116
531, ENQGINETESE CEIL...c.eoiiiiiiieeee s 116
5.3.2.  Test conditions and PrOCEAUIE .........ccueiuieiueiieie e ceeste ettt 117

5.4, Numerical SIMUIAtION SEIUP......cviiiiieee e nas 119

5.5, RESUIS aNd DISCUSSION. .....c.civiiiiiiiiiiiieiisie et 119
55.1. Combustion CharaCteriStICS .........coeiuiriiiiiiiiiee e 120
5.5.2.  EMISSIONS ....ivieieteit ettt bbbttt bbbttt bbbt 131

5.6, CONCIUSTONS ...ttt bbbttt e bbbt st nbenne s 136

5.7, RETFEIBNCES ...ttt 138

Chapter 6 : Effect of swirl ratio on NG/diesel dual-fuel combustion at low to high engine load

CONTITIONS ...tttk b bbbt b e b e b bbbt e bt b et b bt e et b e e n e b nas 143
8.1, ADSIFACE ...ttt bbbt 143
6.2, INTFOAUCTION ... bbb bbbttt be bbb ere s 144
6.3, EXPEriMENTAL SEIUD ...ovitiitiitiiii ettt 147
B.3. 1. TOST BNGINE .ttt bbbt bbb 147
6.4.  ComMPULALIONAIL SEIUD......cviiiieiiieie ettt nas 149
6.4.1.  NUMEriCal MOGEL.........ciiiiiiiie e 149
6.4.2.  Spray and combustion MOEIS ............ooiiiiiiiiici e 150
6.4.3. MOl VAHAALION ......ocueiiiiiiiieiee bbb 152
6.5.  RESUILS aNd TISCUSSION.......citiiiiiiiiiieieie ettt bbbttt be bbb eneas 154



6.5.1. Effect of swirl ratio on dual-fuel cOmbUSTION ........coovvviiiii 154

6.5.1.1.  Low load-low speed condition (BMEP=4.05 bar and 910 rpm) ...........ccccceevue.. 154
6.5.1.2.  Medium load-high speed condition (BMEP=11.24 bar and 1750 rpm)............. 163
6.5.1.3.  High load-low speed condition (BMEP=17.6 bar and 1120 rpm)............c........ 167

B.6.  CONCIUSIONS ...ttt bbbttt b n et b e r et n e 170
B.7.  RETEIENCES ...t 172
Chapter 7 : Conclusions and recommendations for future Studies ..........cccoccevvvievinienieneeie e 177
7.1. Research summary and mMajor fINAINGS .......ccoiiiiiiniee e 177
7.1.1. Typical low load condition (BMEP=4.05 bar and RPM=910).........cccceevrrrereninnrnnn 178

7.1.2. Medium to high load conditions (BMEP=12.15 bar, RPM=910 and BMEP=17.6 bar,

RPMZ1120) ..ttt bbbt s e s e e b e b st b b e b e e st e n et e bbbt nbenre s 182

7.2. Recommendations fOr fULUIE STUAIES..........cvriiririeieiicsiee s 183
7.3, RETEIBNCES ... bbbt 184
N o] 1=] 16 | PSSRSO PP PP 186
A.L. Grid control in CONVERGE ...t 186
ALLL GO SCAING . ..ttt bbbt b et nbe e 186
A.L.2. FiXed €MDEAGING ...ooveieiiiiiieee et 187
A.1.2. Adaptive mesh refinemMENt.........ccooii i 187
A.2. Predicted results of AVL-FIRE and CONVERGE ..........c.cccoiiiiiiiniiiccec 188
AL RETEIBNCES ... 190

Vil



List of Figures:

Figure 1-1. Schematic of PFI and HPDI dual-fuel engines, Westport engine...........ccccoceeevenirnninnne. 5

Figure 1-2: Schematic representation of the different components of the heat release rate of a

conventional dual-fuel NgINE [22]. .....cc.o oo 6
Figure 1-3. Schematic roadmap of the research performed in this thesis. ............ccocevnniiiiiiiiinns 10
Figure 2-1. Computational domain of the combustion chamber at the TDC..........ccccoceieiiiiiiinnnns 25
Figure 2-2. Total equivalence ratio versus different diesel injection timings..........cccccevveneiiiniinnnnnns 26

Figure 2-3. Experimental and numerical in-cylinder pressure and HRR of natural gas/diesel dual-fuel
mode at different injection timings (cases 1-11) under 25% engine load...........cccccoovvevviiniiverennnnne. 29
Figure 2-4. Ignition delay and combustion phasing of natural gas/diesel dual-fuel mode with different
diesel injection timings under 25% engine 10ad. ..o 30
Figure 2-5. In-cylinder temperature contours (at 5 °CA ADIT) for various diesel injection timings of
natural gas/diesel dual-fuel mode under 25% engine 10ad ...........cccceieieiinininincee 31
Figure 2-6. Spatial contours of total equivalence ratio (at SOC timing) of various diesel injection
timings for natural gas/diesel dual-fuel mode under 25% engine load.............cccccevveieniienieinsnene. 31
Figure 2-7. Spatial contours of OH radical for various diesel injection timings of natural gas/diesel
dual-fuel mode under 25% engine 108 ...........cooviiiiiiiii e 33
Figure 2-8. ITE, CH4 combustion rate, and CH4 mass fraction profiles vs. diesel injection timing for
natural gas/diesel dual-fuel mode at 25% engine 10ad..............coeeiiinenincn s 36
Figure 2-9. ISCH4 and ISCO emissions of natural gas/diesel dual-fuel mode with different injection
timings under 25% eNgiNe 10AG...........oiiiiiiie e 38
Figure 2-10. Spatial contours of CH4 mass fraction of different diesel injection timings for natural

gas/diesel dual-fuel mode under 25% engine 108d ............ccccoiiiiiiiiiien e 39

VIl



Figure 2-11. ISNOx emissions, NOx-CH4 and NOx-CO trade-off , and COVimep Of natural gas/diesel
dual-fuel mode with different injection timings under 25% engine 10ad ............cccccvvveiveveiiiniennnne 41
Figure 2-12. In-cylinder temperature contours (at 4, 10, and 15 °CA ASOC) of various diesel injection
timings for natural gas/diesel dual-fuel mode under 25% engine load.............cccocevivnienieninnnseene. 42
Figure 3-1. Schematic diagram of the experimental Setup [35]......cccccereriririniinieiecec e 58

Figure 3-2. Computational domain of complete (left) and one-sixth (right) of the combustion chamber

Figure 3-3. Comparison of experimental and numerical in-cylinder pressure and HRR of dual-fuel
mode with single injection mode under 25% engine 10ad. ..........ccccooriiiiiniiinieee s 66
Figure 3-4. In-cylinder temperature (at 5 °CA ADIT) and n-heptane (at SOC) contours of dual-fuel
mode with single injection under 25% engine 10ad. ...........ccoiiiiiieninci e 67
Figure 3-5. Thermal efficiency and emissions of dual-fuel engine with single injection mode under
25%0 ENGINE TOAM. .....c.eiieitieiieee ettt bbbttt bbb 68
Figure 3-6. Experimental in-cylinder pressure and HRR of dual-fuel mode with split injection under
25%0 ENGINE TOAM. .....c.eiieieieiiieee bbbt bbbttt bbb 71
Figure 3-7. Experimental and numerical comparison of in-cylinder pressure and HRR of dual-fuel
combustion with split injection mode (different first injection timings and second injection timing of
10 °BTDC) under 25% enging 108, .........ccuoiiiiiiieiiie e 72
Figure 3-8. In-cylinder temperature contours for single injection and split injection modes under 25%
engine load at frame contours of 7 and 10 °BTDC.........cccciiiiiiiiiieiese e 73
Figure 3-9. Experimental and numerical comparison of SOC and MPRR of dual-fuel combustion
with split injection mode under 25% engine 10ad. ............cooiiiiiiiiieien 74
Figure 3-10. Spatial contours of OH radical for selected single and split injection modes under 25%

ENGINE TOAM. ...t bbbttt E bbb bbb bbb 76



Figure 3-11. In-cylinder temperature contours (at 8 ’ASOC) of single and split injection modes under
Py =) T 1T TN (o Vo PP USTRRTPRN 76
Figure 3-12. Experimental and numerical comparison of ITE under 25% engine load. ................... 78
Figure 3-13. Comparison between experimental and numerical emissions under 25% engine load.81

Figure 3-14. In-cylinder temperature (at TDC) of selected first injection timings under 25% engine

Figure 4-1. Cylinder pressure and HRR of natural gas/diesel dual-fuel engine under different engine
1080-SPEEA CONAITIONS. ...ttt bbbttt n bbbt ane b 97
Figure 4-2. Effect of diesel injection timing on peak pressure, ITE, and emissions of natural gas/diesel
dual-fuel engine under different engine load-speed CONAItIONS. ...........ccovveriiieniiere s 99
Figure 4-3. OH distribution of natural gas/diesel dual-fuel engine under low load-low speed
conditions (Case 1) and DITs 0f 10 and 18 °BTDC. .......cccoueiiiiiierieriesie s 101
Figure 4-4. Unburned methane distribution of natural gas/diesel dual-fuel engine under low load-low
speed conditions (Case 1) and DITs 0f 10 and 18 °BTDC. .......ccccceriiiiirininieieee e 102
Figure 4-5. OH distribution of natural gas/diesel dual-fuel engine under low load-low speed
conditions (Case 3) and DITs 0f 10 and 18 °BTDC. .......ccccoiiiiiiieiesiesie e 104
Figure 4-6. Unburned methane distribution of natural gas/diesel dual-fuel engine under medium load-
low speed conditions (Case 3) and DITs of 10.5and 15 °BTDC. ......ccccccevviierieerienie e siesieenens 105

Figure 4-7. Effect of diesel injection timing on GHG emissions (CO: equivalent) of natural gas/diesel

dual-fuel engine under different engine load-speed CONAItIONS. ..........cccceveriereeienieene e 106
Figure 5-1. Schematic of the experimental SEtUP..........ccooviiiiiiiiii e 118
Figure 5-2. Effect of the injection rail pressure on PRR of diesel and NDDF engines. .................. 121
Figure 5-3. Effect rail pressure on combustion phasing of diesel and NDDF engines................... 123

Figure 5-4. Effect of injection rail pressure on cylinder pressure and HRR of NDDF engine with

single injection (measured and predicted data)...........c.ocviririiiineiese e 124



Figure 5-5. Effect of injection rail pressure on OH distribution, spray penetration, and equivalence
ratio of NDDF engine with SINgle INJECTION. .........ccoiiiiiiiiiiece e 125
Figure 5-6 Effect of injection rail pressure on cylinder pressure and HRR of NDDF engine with split
injection at two split ratios of 45 and 65% (measured and predicted data). .........cccccoererercnennnn 126
Figure 5-7. Effects of injection rail pressure on spray penetration of NDDF engine with split injection
at two SPlit ratios OF 45 AN B5%0. .......cceiiiiieiiiei e 127
Figure 5-8. Effects of injection rail pressure on OH radical distribution of NDD F engine with split
injection at two split ratios 0f 45 and 65%0. ........cccoviiiiiiiiiiee e 128
Figure 5-9. Effect of injection rail pressure on ITE of diesel and NDDF engines. ..............ccccevu... 130
Figure 5-10. Effect of injection rail pressure on ISCO2 equivalent emissions of diesel and NDDF
00T T PRSP ST P TP PRV PRURPRORON 133
Figure 5-11. Effects of injection rail pressure on CH4 emissions of NDDF engine with single and split
INJECTION STIALEGIES. .....vitetiitiite etttk b b bbbt e e e bbbt bt bt et e s et et et bbb e 133
Figure 5-12. Effects of injection rail pressure on NOx and soot emissions of diesel and NDDF
00T T TSP TP PP TP P PRURPRORON 136
Figure 6-1. Schematic diagram of the experimental Setup [19].......ccoceririririiiniiee e 149

Figure 6-2. Different grid refinements by CONVERGE adaptive mesh refinement, on the left:

computational grid at -4.69 °ATDC and on the right: computational grid at +15.3 °ATDC .......... 150
Figure 6-3. Diesel fuel injection map at two different conditions. ............c.cooeieieieii i 151
Figure 6-4. Comparisons of measured and predicted pressure and HRR for cases 1-4................... 153

Figure 6-5. Comparison of measured and predicted emissions (CH4, NOx, and CO) and fuel efficiency
0] o= E 1= 0 OSSR SSPS 154
Figure 6-6. Effect of the swirl ratio on the pressure, HRR, and heat loss of NDDF combustion under

low load-low speed conditions and DIT=14 °BTDC..........ccccsvuriiriiieieneie e 156

Xl



Figure 6-7. OH* distribution of NDDF combustion at low load-low speed conditions for three
different swirl ratios and DIT=14 *BTDC. ......ccccociiiiiieeiie et 158
Figure 6-8. Temperature distribution of NDDF combustion at low load-low speed conditions for three
different swirl ratios and DIT=14 °BTDC. ......cccctriiiiieeiie et 159
Figure 6-9. Velocity field of NDDF combustion at low load-low speed conditions for three different
SWirl ratios and DIT=14 BTDC .......cccuiiieiiie ittt ettt sttt be e sreenne e e 160
Figure 6-10. Effect of the swirl ratio on the pressure, HRR, and heat loss of NDDF combustion under
low load-low speed conditions and DIT=30 °BTDC..........cccccecurimriireiiniiesiseseeee e 161
Figure 6-11. OH* distribution of NDDF combustion at low load-low speed conditions for three
different swirl ratios and DIT=30 “BTDC. .......cccccvriiriieieiie et 162
Figure 6-12. Effect of the swirl ratio on fuel efficiency and CH4, CO, and NOx emissions of NDDF
combustion under low load-low speed conditions and DITs=14 and 30 °BTDC. .........ccccccevuvrnnne. 163
Figure 6-13. Effect of the swirl ratio on the pressure, HRR, and heat loss of NDDF combustion under
medium load-high speed conditions and DIT=29 °BTDC. .......cccccceririririninieieese e 165
Figure 6-14. OH* distribution of NDDF combustion at medium load-high speed conditions for three
different swirl ratios and DIT=29 °BTDC. .......cccccveiiiiieeee e 167
Figure 6-15. Effect of the swirl ratio on fuel efficiency and CH4, CO, and NOx emissions of NDDF
combustion under medium load-high speed conditions and DIT=29 °BTDC........c.cccceccvvverrernnnn. 167
Figure 6-16. Effect of the swirl ratio on pressure, HRR, and heat loss of NDDF combustion under
high load-low speed conditions and DIT=11.4 °BTDC. .......ccccceriiiriniiiieseeeeeese e 168
Figure 6-17. OH* distribution of NDDF combustion at medium load-high speed conditions for three
different swirl ratios and DIT=11.4 °BTDC. ......cccciieiiiereiieseeie e se e 170
Figure 6-18. Effect of the swirl ratio on fuel efficiency and CH4, CO, and NOx emissions of NDDF

combustion under high load-low speed conditions and DIT=11.4 °BTDC........cccccceeevrvurriverrrrnenn. 170

Xl



List of Tables:

Table 1-1. Physiochemical properties of natural gas and diesel [14—16] ........ccccccoveiiveiiviieiineriecnnnn, 3
Table 2-1. ENgine SPECITICALIONS.........cciiiie et sre e e sre e 20
TabIE 2-2. FUBI PrOPEITIES ....eeveeeie ettt sttt ettt ettt e e re et e e reesbe e tesneesreenteeneennaeneean 21

Table 2-3. Experimental test cases - diesel injection timing sweep under 75% natural gas energy

fraction and 25% eNgiNE 10AQ. ........c.oiviiiiiiiece e s 21
Table 2-4. Initial and boundary CONGITIONS ..........c.ccveiiiiieiice e 25
Table 3-1. ENgine SPECITICALIONS.........cciuiiie et re e esne e 57
TabIE 3-2. FUBI PrOPEITIES .. .eeveeie ettt ettt st e re et e e s e s be et e s neesbeesteeneenraeneeas 58

Table 3-3. Experimental test cases- single and split injection strategies under 75% natural gas energy

fraction and 25% eNgINE 108 .........c.coviiiiiiiicce e 59
Table 3-4. Initial and boundary CONGITIONS ..........c.ccveiiiieiice e 63
Table 4-1. TesSt SEtUP SPECITICALIONS.......c.ccviiieii e re e 94
Table 4-2. Experimental teSt CONAITIONS .........covviiiiiiiiiie e 95
Table 5-1. ENgine SPECITICALIONS. .........ciieiiiicie e 118
TaDIE 5-2. TESE MALIIX. ...ttt bbbttt bbb 118
Table 6-1. ENgine SPECITICALIONS..........coiiiiiiiiie et 148
Table 6-2. Experimental teSt CONAItIONS. ........coveiiiiiiiee e 149

X1



Declaration of the academic achievement

The outline of this thesis follows “sandwich format” whose guidelines are appointed by the Faculty
of Graduate Studies, University of Manitoba. It merges five individual papers prepared for
publication in peer-reviewed journals. Chapter 1 contains an introduction about the problem
statement and the thesis contributions; Chapter 2 to Chapter 6 are manuscripts containing an abstract,
introduction, methods, results and discussion; Chapter 7 provides the conclusions of the work and
recommendations for future research directions. The comparison between two adopted CFD software
Is shown in Appendix.

Chapter 2 to Chapter 4 and Chapter 6 are papers which have already been published, and Chapter 5
has just been submitted for publication in a peer-reviewed journal. The contribution of A. Yousefi
consisted mainly of developing the CFD models, performing the engine tests, comparison and
validation between numerical predictions and experimental measurements, data analysis, and
preparing the first drafts of manuscripts. My supervisors (Dr. Birouk and Dr. Guo) supervised the
research, including constant feedback during the development of the model, analysis of data and
manuscripts preparations. My Co-author (Mr. Liko) contribution in Chapter 5 consisted of preparing

and running the engine setup during the experiments.

XV



Copyright notice
1. With permission from Elsevier:

A. Yousefi, M. Birouk, H. Guo. An experimental and numerical study of the effect of diesel
injection timing on natural gas/diesel dual-fuel combustion at low engine load. Fuel, 203 (2017)

642-657.
2. With permission from Elsevier:

A. Yousefi, H. Guo, M. Birouk. Experimental and numerical study on diesel injection split of a

natural gas/diesel dual-fuel engine at a low engine load. Fuel 212 (2018) 332-346.
3. With permission from Elsevier:

A. Yousefi, H. Guo, M. Birouk. Effect of diesel injection timing on the combustion of natural
gas/diesel dual-fuel engine at low-high load and low-high speed conditions, Fuel 235 (2019), 838-

846.
4. With permission from Elsevier:

A. Yousefi, H. Guo, M. Birouk. Effect of swirl ratio on natural gas/diesel dual-fuel engine under

different engine load-speed conditions, Applied Energy 229 (2018) 375-388.
5. With permission from Elsevier

A. Yousefi, H. Guo, M. Birouk, B. Liko. On greenhouse gas emissions and thermal efficiency of
natural gas/diesel dual-fuel engine at low load conditions: Coupled effect of injector rail pressure

and split injection, Applied Energy (2018) Submitted.

XV



Chapter 1: Introduction

1.1.Background and scope

Compression ignition (CI) diesel engines are the most common internal combustion (IC) engines
in the transportation and power generation industries owing to their excellent efficiency and overall
performance. A primary drawback of ClI diesel engines is the high level of particulate matter (PM)
and nitrogen oxides (NOx) emissions, which have always been the main concern to engine
manufacturers because of their adverse effects on environment and human health [1]. The increasing
energy demand coupled with the ever-increasing fossil fuels’ price, their limited availability, and
environmental impacts have forced researchers and engine manufactures to review conventional ClI
diesel engines and consequently develop new combustion strategies that can use alternative fuels. In
the last two decades, many research studies focused on combustion strategies and alternative fuels,
aiming at improving fuel efficiency and/or reducing emissions. Due to superior thermal efficiency
and ultra-low NOx and soot emissions, advanced combustion strategies such as low temperature
combustion (LTC) attracted much more attention [2-4]. In order to reduce NOx emissions,
combustion temperature is reduced via the dilution of the in-cylinder combustible mixture by using
either excess charge gas to create fuel-lean mixtures or using moderate to high levels of exhaust gas
recirculation (EGR),. Moreover, LTC strategies aim at reducing or eliminating soot-forming by
increasing pre-combustion mixing and avoiding fuel-rich regions during the combustion process.
Fully premixed LTC strategy, also known as homogeneous charge compression ignition (HCCI),
typically employs long in-cylinder mixing time prior to combustion or external mixing strategies
(e.g., intake port injection) to produce uniform fuel-lean mixtures throughout the combustion

chamber. The mixture is compressed and auto-ignited as a result of temperature increase near the end



of the compression stoke and ignition of the whole cylinder charge takes place without any diffusion
flame or flame front propagation [5]. In HCCI, auto-ignition is fully controlled by chemical kinetics
and therefore decoupled from the timing of fuel injection event [5,6]. HCCI combustion has some
benefits relative to conventional combustion modes, such as high thermal efficiency, fuel flexibility,
and ultra-low NOx and soot emissions [7,8]. However, this combustion mode suffers from the
inability to control combustion phasing, the lack of reliable auto-ignition, high level of unburned
hydrocarbon (UHC) and carbon monoxide (CO) emissions, as well as knock and misfiring under
certain operating conditions, all of which made it difficult to implement HCCI combustion in
commercial engines [9]. In contrast, heterogeneous LTC strategies (e.g., dual-fuel combustion) have
been developed in which two fuels with different reactivity are used to improve the controllability
and load range, while at the same time retaining the advantage of high efficiency and low NOx and
soot emissions of HCCI combustion [10]. In these combustion strategies, a low reactivity fuel is
premixed with the intake air and a high reactivity fuel is directly injected to ignite the gaseous mixture
and consequently start the combustion. The ignition timing is more closely coupled to the timing of
direct fuel injection event, though chemical kinetics still play a pivotal role [11]. Although dual-fuel
combustion is not fully premixed, it uses essentially the same principles as HCCI to achieve low
emissions. The distinction between dual-fuel and HCCI combustion is that the charge distribution of
dual-fuel combustion is more heterogeneous than HCCI, as it consists of lean and rich regions at the

time of ignition.

In common dual-fuel combustion, a homogeneous lean premixed low reactivity fuel and air
mixture is compressed rapidly below its auto-ignition temperature, and then ignited by injecting a
small amount of a pilot liquid fuel with high reactivity near the top dead center (TDC) [12]. The low
cost with the possibility to convert conventional diesel engines into dual-fuel operation with minor
modifications is one of the major benefits of this combustion concept. Maintaining the same

compression ratio and original diesel injection system while achieving diesel-like efficiency with



much lower PM emissions is another benefit of this combustion concept [13]. Moreover, dual-fuel
mode has the flexibility to be switched back to full diesel combustion in the case premixed fuel is

unavailable [12].

1.1.1. Natural gas as alternative fuels for diesel engine

Natural gas used in vehicles possesses the same composition as the natural gas used for domestic
cooking and heat. However, the natural gas used for vehicles is compressed and stored usually in
rigid pressurized metallic cylinders at a pressure of 200-248 bar. Natural gas is a hydrocarbon gaseous
fuel consisting primarily of methane, with a small amount of other hydrocarbons (i.e. ethane, propane,
n-butane and isobutene, and pentanes), carbon dioxide (CO2), nitrogen, and hydrogen sulfide. The
composition and content of natural gas varies slightly depending on the source and the production
process. A comparison of the physiochemical properties of natural gas with those of diesel fuel is
shown in Table 1-1. With natural gas found in several areas worldwide, either together with other
fossil fuels or on its own, it has larger proven reserves compared to crude oil; the current known

reserves to production ratio for the natural gas is almost 53% [14].

Table 1-1. Physiochemical properties of natural gas and diesel [14-16]

Fuel properties Unite Natural gas Diesel
Lower heating value (LHV) (MJ/kg) 38-50 42.5-43.6
Octane/Cetane number - 120-130 45-55
Molar mass (kg/kmol) 16-19 170-204
Stoichiometric air-fuel ratio (AFR) - 16.4-17.2 14.3-14.6
Stoichiometric mixture density (kg/m?) 1.25 830
Auto-ignition temperature (°C) 540-650 180-316
Adiabatic flame temperature (°C) 1890 2054
Boiling temperature (°C) -162 180-380
Flammability limit in air (vol. % in air) 4.3-15.2 1-6

Natural gas has lower reactivity compared to diesel in terms of auto-ignition performance. It also
has higher hydrogen to carbon ratio (~4.0) compared to gasoline and diesel, and thus burns more

cleanly in terms of CO, emissions. As a result, natural gas is widely recognized as an alternative fuel



for reducing greenhouse gas (GHG) emissions [17]. Furthermore, natural gas, having methane as the
main constituent which is the lowest member in the paraffin family, possesses very small tendency

to produce particulate matter (PM) emissions [18].

The utilization of natural gas as the main fuel for heavy-duty diesel engines may have more
significant impact on transportation because most transportation fleets are diesel operated [19]. CI
diesel engines have inherently higher compression ratio than Sl engines, which results in higher
thermal efficiency. However, the high auto-ignition temperature and low cetane number of natural
gas restrict their direct application in typical Cl engines. Therefore, simply compressing natural gas
and air mixtures will not ignite the air/fuel mixture, and hence a small amount of liquid fuel must be
supplied to initiate the combustion process. The liquid fuel is called pilot fuel which acts as a source
of ignition for the gaseous fuel. Therefore, natural gas is often used to power Cl engines via dual-fuel
mode at which a high cetane number fuel is injected along with the gaseous fuel in order to provide
a source of ignition for premixed gaseous fuel/air mixture [15]. In most applications, natural gas is
inducted or injected into the intake manifold to mix uniformly with air, and the natural gas-air
mixtures is then introduced into the cylinder to be compressed (Figure 1-1a). However, in some
applications, natural gas is directly injected into the cylinder via a high pressure direct injection
(HPDI) technology shortly after the injection of pilot diesel in the late compression stroke
(Figure 1-1b) [20]. At some point during the time interval between the two injections or early of the
natural gas injection, the diesel fuel auto-ignites and consequently initiates the combustion of the
compressed natural gas air mixture. Natural gas burns in a predominantly non-premixed combustion
mode. This stratified combustion provides better fuel economy and more efficient combustion, while
it maintains a power output and thermal efficiency comparable to those of conventional diesel engine,
especially at low loads. However, the structure of the injector is more complicated and costly.

Therefore, the port injection of natural gas (PFI) seems to be more practical since it is easier to



implement in existing diesel engine without serious engine modifications. In this thesis, the PFI

natural gas/diesel dual-fuel engine is investigated.

a) Port fuel injection (PFI) dual-fuel engine b) High pressure direct injection (HPDI)
dual-fuel engine
Figure 1-1. Schematic of PFI and HPDI dual-fuel engines, Westport engine

1.2. Problem definition and motivation

The combustion process of conventional natural gas/diesel dual-fuel engine takes place in three
stages at medium to high engine load conditions, as shown in Figure 1-2a. The first stage consists of
premixed combustion of the pilot diesel and a small portion of entrained natural gas/air mixture. The
second stage involves diffusion combustion of pilot diesel along with the initiation and flame
propagation of natural gas/air mixture. During this stage, the combustion of pilot diesel fuel is mixing-
controlled and the premixed natural gas flame propagates from the ignition kernels. The third stage
involves diffusion combustion of the residual pilot diesel and subsequent turbulent flame propagation

(and sometimes auto-ignition) of natural gas [21,22] (Figure 1-2a).

However, at low to medium engine loads, the equivalence ratio of the natural gas/air mixture is
lower than the flammability limit, and therefore there is almost no flame propagation of natural gas/air
mixture. At these conditions, the bulk of energy release comes from the ignition and subsequent rapid
combustion of pilot diesel and a small part of entrained natural gas-air mixture ((Figure 1-2b, stages

I and Il) where higher temperatures and relatively richer mixture regions are present. Only relatively



little contribution to the energy release may come from the bulk of the gaseous fuel-air charge farther

away from the diesel spray plume (stage I11) [22].

Sections 1.2.1 and 1.2.2 carefully outline the main issues of natural gas/diesel dual-fuel engine

under low-medium load and medium-high load conditions, respectively.
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Figure 1-2: Schematic representation of the different components of the heat release rate of a conventional
dual-fuel engine [22].

1.2.1. Natural gas/diesel dual-fuel engine at low to medium load conditions

Several studies reported that a natural gas/diesel dual-fuel combustion engine is plagued by the
problem of unstable combustion performance, low thermal efficiency, and high emissions of
unburned methane, CO, and GHG at low to medium engine loads when compared to a diesel engine
[15,23,24]. At these engine load conditions, the premixed natural gas-air mixture does not promote
the propagation of the flames initiated by the pilot diesel fuel. Thus, the portions of the charge situated
far away from the pilot ignition nuclei escape the combustion process. As a consequence, after an
initial fast oxidation of the pilot diesel injection, the subsequent combustion process is slow and
incomplete, which results in misfiring or partial burning and hence leads to high level of unburned
methane and CO emissions at the engine exhaust [25]. These drawbacks offset the benefit of the
lower CO2 emissions in terms of overall GHG emissions, since methane has a global warming impact

which is about 20-34 times greater than that of CO, over a 100 year period [26]. Therefore, low



thermal efficiency and high unburned methane and CO emissions under low to medium load

conditions is a major concern of natural gas/diesel dual-fuel engine.

1.2.2. Natural gas/diesel dual-fuel engine at medium to high load conditions

Natural gas/diesel dual-fuel engines perform better under medium-to-high loads and can often
reach or exceed the fuel conversion efficiency of a diesel engine while still generate significantly
lower GHG emissions [27-29]. The torque and power of natural gas/diesel duel-fuel operation are
also comparable to those of diesel operation under medium to high load conditions [30]. Under these
engine load conditions, the premixed natural gas-air mixture is rich enough to guarantee a stable
propagation of the flame fronts throughout the in-cylinder charge. Therefore, improved fuel
conversion efficiency can be achieved. The amount and the fuel concentration of the induced mixture
via the intake port are also increased, resulting in an intensified flow movement and a faster flame
propagation, which consequently promotes the burning fuel in later combustion stages. The
improvement in fuel utilization causes a dramatic reduction in unburned methane, CO, and GHG
emissions [31]. However, stringent emission regulations on NOx and soot emissions, and the recent
targets for GHG emissions reduction have always been the main concern of heavy-duty diesel engine
manufacturer. For instance, the U.S. Environmental Protection Agency (EPA) introduced the soot
emissions limits of 0.013 g/kW.hr in 2015 for heavy-duty diesel engines. Moreover, EPA has initiated
regulations on GHG emissions and fuel efficiency standards for light-duty vehicles by 2018 and
heavy-duty vehicles by 2025 [32]. Therefore, further improvement of natural gas/diesel dual-fuel
engine under medium to high load conditions is necessary to meet the emission regulations and fuel

efficiency of future.

1.3. Research objectives

The purpose of this thesis is to examine different methods/approaches with the aim to enhance

combustion performance and reduce emissions of unburned methane, CO, NOx, soot, and GHG in
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natural gas/diesel dual-fuel engines under different engine load-speed conditions. In particular, the
main focus of this thesis is put on low load conditions where GHG emissions of conventional natural
gas/diesel dual-fuel engine is much higher than that of conventional diesel engine. In addition to the
experimental study, a computational fluid dynamic (CFD) model based on AVL FIRE or
CONVERGE 2.4 are developed to provide further details in order to optimize and help understand
the behaviour of natural gas/diesel dual-fuel combustion process under different engine load-speed

conditions. The specific objectives of the present thesis are:

Understand the underlying phenomenon of the effect of diesel injection timing on natural

gas/diesel dual-fuel engine at low load-low speed conditions.

e Examine the effect of diesel injection split on natural gas/diesel dual-fuel engine at low load-
low speed conditions.

e Examine the effect of diesel injection timing on the combustion of natural gas/diesel dual-
fuel engine at low-high load and low-high speed conditions.

e Investigate the effect of diesel injection rail pressure and diesel split injection on greenhouse
gas emissions and thermal efficiency of natural gas/diesel dual-fuel engine at low load
conditions.

e Optimize the initial swirl ratio on the combustion performance of natural gas/diesel dual-fuel

engine under low-high load conditions.

1.4. Outline of the thesis

As mentioned above, the main objective of this thesis is to examine different strategies aiming to
improve the thermal efficiency and emissions of unburned methane, CO, GHG, and NOx of natural
gas/diesel dual-fuel engine. A roadmap of the research undertaken in this thesis is schematically

presented in Figure 1-3. The thesis is organized as follows:



Chapter 2 presents the experimental results of the effect of diesel injection timing (-10 to -50
°ATDC) on the combustion performance and emissions of natural gas/diesel dual-fuel engine at
engine load of BMEP=4.05 bar and engine speed of 910 RPM. In addition, a CFD model based on
AVL-FIRE -CHEMKIN software is developed to provide an insight into the optimization mechanism

of diesel injection timing.

The effect of diesel injection split on the combustion performance and emissions of natural
gas/diesel dual-fuel engine under the same engine load speed condition is studied in Chapter 3 based
on the developed CFD model in Chapter 2. The predicted results are compared with the measured
data and the fundamental mechanism of split injection is investigated.

Chapter 4 presents the effect of diesel injection timing on natural gas/diesel dual-fuel engine under
low to high load and low to high speed conditions. A new CFD model based on CONVERGE 2.4
software is developed to investigate the underlying phenomenon. The new model has the capability
to predict flame propagation which cannot be predicted using the AVL-FIRE software under medium-
high load conditions. This is the main reason that CONVRGE software is introduced as a more
reliable CFD tool for the rest of this thesis. More details can be found in Appendix.

Chapter 5 experimentally and numerically investigates the coupled effects of rail pressure increase
and diesel fuel split injection on thermal efficiency and GHG emissions of natural gas/diesel dual-
fuel engine at engine load of 4.05 bar and speed of 910 RPM. In this chapter, the results of dual-fuel
engine when simultaneously changing diesel fuel split injection and increase rail pressure are
compared with those of dual-fuel and diesel engines with the combination of increased rail pressure
and single injection.

Chapter 6 numerically investigates the influence of swirl ratio on the combustion performance and
emissions of a natural gas/diesel dual-fuel engine under low to high load conditions. An extensive
study is performed under different engine load-speed conditions in order to optimize swirl ratio. A

computational optimization based on CONVERGE 2.4 software is conducted by considering the



combustion and emissions under three engine load-speed conditions, a low load-low speed

(BMEP=4.05 bar and rpm=910), a high load-low speed (BMEP=17.6 bar and rpm=1120), and a

medium load-high speed (BMEP=11.24 bar and rpm=1750) in order to identify an optimal swirl ratio.

Finally, Chapter 7 summarizes the key findings of this thesis and outlines some recommendations

for future work.
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Figure 1-3. Schematic roadmap of the research performed in this thesis.
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Chapter 2: An experimental and numerical study of the effect of diesel

Injection timing on natural gas/diesel dual-fuel combustion at low load

2.1. Abstract

Natural gas/diesel dual-fuel combustion compression ignition engine has the potential to reduce NOx
and soot emissions. However, this combustion mode still suffers from low thermal efficiency and
high level of unburned methane and CO emissions at low load conditions. The present paper reports
the results of an experimental and numerical study on the effect of diesel injection timings (ranging
from 10 to 50 °BTDC) on the combustion performance and emissions of a heavy duty natural
gas/diesel dual-fuel engine at 25% engine load. Both experimental and numerical results revealed
that advancing the injection timing up to 30 °BTDC increases the maximum in-cylinder pressure.
However, with further advancing the injection timing up to 50 °BTDC, the maximum in-cylinder
pressure decreases which is mainly due to the lower in-cylinder temperature before SOC. Moreover,
the analysis of OH spatial distribution shows that, at very advanced diesel injection timings, the non-
reactive zones are much narrower than later injection timings during the last stages of combustion,
indicating a more predominant premixed combustion mode. At retarded diesel injection timings, the
consumption of premixed fuel in the outer part of the charge is likely to be a significant challenge for
dual-fuel combustion engine at low engine load conditions. However, with advancing the diesel
injection timing, the OH radical becomes more uniform throughout the combustion chamber, which
confirms that high temperature combustion reactions can occur in the central part of the charge. Diesel
injection timing of 30 °BTDC appears to be the conversion point of all conventional dual-fuel
combustion modes. Further advancing diesel injection timing beyond this point (30 °BTDC) results

in noticeable reduction in NOx and unburned methane emissions, while CO emissions exhibit only
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slight drop. However, at very advanced diesel injection timings of 46 and 50 °BTDC, NOx and
unburned methane emissions continue to drop, whereas CO emissions tend to increase. The results
showed also that the highest indicated thermal efficiency is achieved at these very advanced diesel
injection timings of 46 and 50 °BTDC. Finally, the results revealed that, by advancing diesel injection
timing from 10 °BTDC to 50 °BTDC, NOyx, unburned methane, and CO emissions are reduced,

respectively, by 65.8%, 83%, and 60% while thermal efficiency is increased by 7.5%.

Abbreviations

ADIT After Diesel Injection Timing ISNOy Indicated Specific NOy

AHR Accumulated Heat Release ITE Indicated Thermal Efficiency
ASOC  After Start of Combustion IvC Inlet VValve Closing

BDC Bottom Dead Center IVO Inlet VValve Opening

BMEP  Break Mean Effective Pressure KH Kelvin-Helmholtz

BTDC  Before Top Dead Center LHV  Lower Heating Value

CAs Crank Angle of 50% Accumulated Heat Release LTC Low Temperature Combustion
CFD Computational Fluid Dynamic NOx Nitrogen Oxides

Cl Compression Ignition PFI Port Fuel Injection

Cco Carbon Oxide PISO  Pressure Implicit with Splitting of Operators
cov Coefficient of Variation PM Particulate Matter

D] Direct Injection PRR Pressure Rise Rate

DIT Diesel Injection Timing RANS Reynolds Averaged Navier-Stokes
EGR Exhaust Gas Recirculation RCCI  Reactivity Controlled Compression Ignition
EVC Exhaust Valve Closing RNG  Renormalization Group

EVO Exhaust Valve Opening RT Rayleigh-Taylor

HCCI Homogeneous Charge Compression Ignition SOC Start of Combustion

HRR Heat Release Rate TDC  Top Dead Center

IMEP Indicated Mean Effective Pressure UHC  Unburned Hydrocarbon

ISCH4 Indicated Specific CHa4 ULSD  Ultra-Low-Sulfur Diesel

ISCO Indicated Specific CO VCR  Variable Compression Ratio

2.2. Introduction

Diesel engine has been widely used in transportation, due to mainly its higher reliability and
superior fuel conversion efficiency. However, due to locally rich air-fuel mixture and non-uniform
temperature distribution in the combustion chamber, it is very difficult to reduce simultaneously NOx
and soot emissions for diesel engine [1,2]. Recent stringent regulations on environmental pollutants
and the ever-increasing fossil fuel price, as well as the urgent need to reduce fossil fuel dependency,
prompted further research efforts to review and improve the performance of conventional diesel

engine [3]. Several studies proposed a variety of advanced combustion strategies originated from low
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temperature combustion (LTC) concepts. These alternative combustion strategies are generally
centred on completely or partially homogeneous and lean premixed charge, lower local equivalence
ratios, improved fuel atomization and mixture preparation, reduced in-cylinder peak temperature, and
alternative fuels [4-8]. One of the most promising alternative combustion strategies is dual-fuel
combustion which consists of the preparation of a premixed fuel (main fuel) and intake air, whose
ignition is triggered by the injection of a small amount of a more ignitable fuel, usually diesel fuel. A
typical dual-fuel combustion combines port fuel injection (PFI) of a low reactivity fuel to create a
well-mixed charge of the main premixed fuel and air, and the direct injection of high reactivity fuel
(i.e., diesel) as an ignition source. Because of its higher ignition temperature, natural gas is a suitable
candidate for the low reactivity fuel of dual-fuel combustion. The normal combustion process in a
natural gas/diesel dual-fuel engine takes place in three stages. The first stage consists of premixed
combustion of the pilot diesel and a small portion of entrained natural gas fuel. Due to the high
activation energy and the resulting high auto-ignition temperature of natural gas, the combustion of
premixed diesel formed during pilot fuel ignition delay is the main contributor in this stage, during
which a rapid pressure rise occurs resulting from the initiation of diesel combustion. The second stage
involves diffusion combustion of pilot diesel along with the initiation and flame propagation of
natural gas combustion. During this stage, the combustion of pilot diesel fuel is mixing-controlled
and the premixed natural gas flame propagates from the ignition kernels. The third stage involves

diffusion combustion of the residual pilot diesel and late combustion phase of natural gas [9-12].

Using natural gas in dual-fuel compression ignition (CI) engines has attracted much attention due
to its high efficiency [13-15]. In fact, this technology is currently in use in public transportation
buses, stationary power generation, and large-scale ships [7]. Natural gas/diesel dual-fuel combustion
tends to retain most of the positive features of conventional diesel engine and even surpasses
occasionally those of conventional diesel engine, producing comparable power output and efficiency

at different engine loads. In addition, significantly reduced NOx and soot emissions can also be
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achieved [16-18]. Moreover, this combustion concept relies on natural gas fuel as the major energy
resource, which consequently alleviates diesel fossil fuel dependency. Furthermore, the low cost
associated with the conversion of a conventional diesel engine to a PFI natural gas fuelled diesel
engine with minor alterations is another benefit of this combustion concept. Additionally, dual-fuel
combustion mode allows switching back to fully diesel combustion in case premixed fuel is

unavailable [19].

However, some technical issues are still unresolved when CI engine operates under natural
gas/diesel dual-fuel mode at low load conditions [20-25]. Compared to diesel fuel engine, natural
gas/diesel dual-fuel engine is known to experience unstable combustion performance, low thermal
efficiency, and high levels of unburned methane and CO emissions at low load conditions. This is
because that, at low loads and with small quantities of pilot diesel, flame propagation front does not
reach portions of the charge situated far away from the pilot ignition nuclei. As a consequence, after
an initial fast oxidation of the injected pilot fuel, the rate of combustion slows down leading to
incomplete combustion, which in turn results in misfiring or partial burning and hence high level of
unburned methane and CO emissions at the engine exhaust [18,25,26]. Reducing unburned methane
emissions in dual-fuel combustion mode is important because of the strong greenhouse effect of
methane, which is 25 times greater than that of carbon dioxide over a 100 year period [27]. Many
studies have addressed these issues by examining the effect of combustion boundaries, such as pilot
diesel injection timing and pressure [23,28-31], natural gas energy fraction [32-36], variable
compression ratio (VCR) [37-39], liquid biofuels as pilot fuel [40,41], natural gas injection timing
[31,42], and the use of exhaust gas recirculation (EGR) [25,43]. Amongst these strategies, diesel (or
pilot liquid fuel) injection timing is of great interest and is usually regarded as a critical factor which
has influence on the combustion phasing and emissions characteristics of natural gas/diesel dual-fuel

engines at low load conditions.
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For dual-fuel combustion engine, diesel injection timing affects the ignition delay because the in-
cylinder charge temperature and pressure change significantly close to the top dead center (TDC).
Advancing diesel injection timing usually increases the ignition delay because the in-cylinder mean
charge temperature and pressure are lower. However, retarding or advancing diesel injection timing
beyond certain limits may result in poor combustion efficiency. Variation of diesel injection timing
has also strong effect on NOx formation [44]. Retarding diesel injection timing may help to control
NOx emissions with substantial penalty in fuel consumption, and also an increase in CO, UHC, and
PM emissions at low load. Therefore, finding an optimum injection timing for the best performance

and emissions are of great importance to natural gas/diesel dual-fuel combustion at low engine loads.

The present study reports a detailed experimental and numerical investigation of the effect of
diesel injection timing on the combustion performance and emissions of natural gas/diesel dual-fuel
combustion at low load. A single-cylinder diesel engine is modified to operate in natural gas/diesel
dual-fuel mode with natural gas as the primary fuel (75% natural gas energy fraction) and diesel as
the pilot fuel. In both experiment and simulation, the operating/test conditions are kept constant and
only the pilot diesel injection timing is varied (10-50° BTDC with 4° increment) to examine the
combustion performance and emissions of dual-fuel engine under 25% engine load (BMEP= 4.05
bar). Moreover, a computational fluid dynamic (CFD) model based on AVL FIRE-CHEMKIN
software is developed to provide further details in order to help understand the behaviour of natural
gas/diesel dual-fuel combustion process at a low engine load. The in-cylinder pressure, heat release
rate (HRR), combustion phasing (CAso), thermal efficiency, and engine out emissions are carefully
evaluated under dual-fuel operation at low load conditions. The ultimate aim of the comprehensive
numerical analysis of the combustion performance and emissions is to provide an insight into the

optimization of pilot injection timing under dual-fuel mode.
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2.3. Experimental setup and procedure

2.3.1. Testengine

The engine used in this investigation is a modified single-cylinder version of Caterpillar’s 3400-
series heavy-duty engine. More details about the experimental setup and engine configuration can be

found elsewhere [45]. Table 2-1 shows the specifics of the engine.

Natural gas was injected into the intake port by a fuel injection manifold. Diesel fuel was directly
injected into the cylinder using a prototype common-rail fuel injector system. The start of injection
and injection pulse width for both diesel and natural gas were controlled by a driven system provided
by National Instruments and LabVIEW-based software. The flow rates of diesel, natural gas, and air
were measured by a TRICOR mass flowmeter, a Bronkhorst mass flowmeter, and a turbine mass

flowmeter, respectively.

Table 2-1. Engine specifications

Engine type Single cylinder-caterpillar 3400 heavy duty engine
BorexStroke 137.2 mm x165.1 mm
Conn. rod length 261.62 mm
Displacement vol. 2.44 L

Compression ratio 16.25

Diesel fuel injector Common rail injector
Injector tip length 1.51 mm

Number of nozzle holexdiameter 6x0.23 mm

Natural gas injection timing -355 °ATDC

Inlet valve opening (IVO) -358.3 °ATDC

Inlet valve closing (IVC) -169.7 °ATDC
Exhaust valve opening (EVO) 145.3 °ATDC
Exhaust valve closing (EVC) 2.3 °ATDC

2.3.2. Fuels and their supply systems

Diesel fuel used in this study was a Canadian ultra-low-sulfur diesel (ULSD) derived from oil
sands sources, and the natural gas used in this research was supplied by Enbridge Inc. Table 2-2

displays the properties of both diesel and natural gas used in this study.
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Table 2-2. Fuel properties

Fuel type Natural gas Diesel
Density (kg/m?) 814.8
Cetane number - 44
LHV (MJ/kg) 48.4 44.643
Viscosity (cSt 40 °C) 1.483
H/C ratio - 1.897
Component (% Vol.) Methane: 95.691

Ethane: 2.404
Propane: 0.414
Butane: 0.058
Nitrogen: 0.833
Carbon  dioxide:
0.6

2.3.3. Test procedure and conditions

The experiments were conducted at an engine speed of 910 rpm and a brake mean effective
pressure (BMEP) of 4.05 bar, which corresponded to 25% engine load. The intake temperature was
kept constant at 40 "C during the experiments. The intake and exhaust manifold pressures were kept
at 1.05 and 1.20 bar, respectively. The diesel injector rail pressure was 525 bar. EGR was not used in
this study. During the tests, a sweep of the start of diesel injection timing was conducted. Table 2-3

shows details of the diesel injection timings tested in the experiments.

Table 2-3. Experimental test cases - diesel injection timing sweep under 75% natural gas energy
fraction and 25% engine load.
Case Pintake Tintake Pexhaust Speed SOl EOI Air Diesel NG
no. (bar) (K) (bar) (rpm) (°BTDC) (°BTDC) flow flow flow
(kg/h)  (kg/h)  (kg/h)

1 10 3.57 66.93 0.5238 1.470
2 14 7.71 67.21 0.4948 1.389
3 18 1181 67.57 0.4710 1.306
4 22 15.89 67.45 0.4503  1.259
5 26 19.95 67.08 0.4370 1.237
6 1.05 313 1.2 910 30 23.86 66.70 0.4552 1.234
7 34 27.99 67.24 0.4337 1.215
8 38 32.01 67.62 0.4314 1.199
9 42 36.04 67.73 0.4167 1.190
10 46 40.12 67.65 04122 1.179
11 50 44.15 67.85 0.4134 1.164
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2.4. Numerical model

2.4.1. Flow and combustion modelling

In order to better understand the combustion process and pollutant formation mechanisms of the
natural gas/diesel dual-fuel engine, numerical simulations were performed using AVL FIRE v2014
software coupled with CHEMKIN solver for flow and chemistry calculations. Both flow and
combustion were modelled by solving the complete set of Navier-Stokes equations. CHEMKIN
package was used to acquire reactions rates and thermal and transport properties of species. A
reactions mechanism, consisting of 42 species and 168 reactions, developed at Chalmers University
[46] and validated at engine relevant conditions by Aggarwal [47]was used in the calculation. In this
chemical mechanism, n-heptane was used to represent diesel, and methane was used to represent
natural gas. Renormalization group (RNG) k-e turbulence model, Reynolds Averaged Navier-Stokes
(RANS), and pressure implicit with splitting of operators (PISO) algorithm were used to simulate the
transient turbulent flow in the combustion chamber [48]. At each time step, conservation equations
of momentum, mass, energy, and pressure were solved. After correcting mass fluxes and velocities
for the new pressure field, the boundary conditions were updated. The *’Kong-Reitz’> combustion
model was used in the simulation. It assumes that the reaction rate of each species is determined by
the kinetic process and the relative magnitude of mixing and reaction, which can be characterized by
a local Damkdhler number defined as the ratio of flow mixing to kinetic time scale [49]. In the present
study, the flow behaviour near the cylinder wall and the heat transfer between the working fluid and
the cylinder wall were modeled using the Hybrid Wall Treatment and Standard Wall Function models
[50]. The Heywood original NOx mechanism was used in this study to account for thermal and prompt

NOx formation [50].
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2.4.2. Spray modelling

The Euler-Lagrangian approach was employed in this study. The Lagrangian formulation was
used to track droplets motion through the flow field, and the Eulerian formulation was used to solve
the gas phase. In the Eulerian approach, the conservation equations of mass, momentum, and enthalpy
were solved. The liquid and gas phase coupling was achieved by introducing adequate source terms
for the equations of mass, momentum, and enthalpy. The break-up process of diesel spray was
simulated using WAVE model based on the physical properties (for the spray and mixing process) of
diesel fuel [51]. In this model, the growth of an initial perturbation on the liquid surface is linked to
its wavelength and other physical and dynamic parameters of the injected fuel and the in-cylinder
gas. There exist two break-up regimes, one for high velocity Kevin-Helmholtz (KH) type and the
other for low velocity Rayleigh-Taylor (RT) type break-up [52]. For the first case, the size of droplets
is set equal to the wavelength of the fastest growing or most probable unstable surface wave. Rayleigh
type break-up produces droplets that are larger than the original parent drops. This regime is not
important for high pressure injection systems. The use of WAVE model in the present study, which
was developed for KH instabilities, is an appropriate approach for high pressure injection system
[51]. Primary parcels (blobs) are injected with a diameter similar to the nozzle orifice and a velocity
which is a function of the injected mass flow rate. Particles passing through the flow interact with
turbulent eddies. Such interaction results in deflecting particles by the instantaneous velocity of
turbulent eddies and particles inertia. This additional turbulence effect on the spray particles could
not be resolved by the flow field and consequently the O’Rourke turbulent dispersion model was used

in the present study [51].

Dukowicz model [53] was used for the heat-up and evaporation of droplets. It assumes that
droplets evaporate in a non-condensable gas environment. Therefore, it uses a two-component system
in the gas-phase which consists of vapor and non-condensable gas where each component may be

composed of a mixture of different species.
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Wall interaction of liquid droplets can play a major role for direct injection (DI) engines.
Especially for small bore diesel engines, since the distance between the injector and the bowl can be
very small, large parts of the fuel hit the wall before they atomize or evaporate. This influences the
combustion process and consequently pollutant formation, as incomplete combustion in the vicinity
of the wall leads to high UHC and soot emissions. The behavior of the interaction between a droplet
and a wall depends on several parameters, such as droplet velocity, diameter, properties, and wall
surface roughness and temperature. In the present study, the Wall jet model, which is based on the
spray/wall impingement model of Naber and Reitz [54], was used to simulate the droplet interaction
with the cylinder wall. This model assumes that a droplet which hits the wall either rebounds or

reflects depending on Weber number.

2.4.3. Computational domain and initial conditions

The computational mesh was created by FIRE ESE-Diesel platform. Since the diesel injector has
six equally spaced nozzle’s orifices, a sector mesh of 60° was used to model one spray plume to take
advantage of the axial symmetry. To ensure mesh independency, an optimized average cell size of
1.5 mm consisting of 22,049 control volumes at the top dead center (TDC) and 56,593 control
volumes at the bottom dead center (BDC) was used. Further refinement on the mesh resolution up to
1 mm did not produce any significant improvement in the accuracy of the predictions, while the
required computational runtime was 30% longer. The simulation time step was varied in the range
from 0.2 to 0.5 crank angle (°CA) based on temporal gradients of the computed parameters.
Computation was performed in series on 8 cores and lasted approximately 6 hours CPU time. The
computational domain at the TDC is shown in Figure 2-1. The boundary conditions at the engine
head and piston surfaces were defined as impermeable wall boundary conditions. The cylinder
geometry was assumed to be symmetric around the cylinder axis, and cyclic boundary conditions

were applied to the cutting surfaces as shown in Figure 2-1.
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Nozzle
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Piston

Figure 2-1. Computational domain of the combustion chamber at the TDC.

Simulation was initialized at IVC and terminated prior to EVO. The port fuel injected natural gas
was considered to be homogeneously mixed with air at IVC. Table 2-4 provides the boundary and
initial conditions for the numerically simulated cases. During the simulation, the initial conditions,
cylinder wall temperature, and spray model constants were adjusted and held unchanged for all
additional simulations. For instance, the in-cylinder wall temperature and model constants were
adjusted based on experimental in-cylinder pressure and HRR of diesel injection timing of 30 °BTDC
(case 6). After this adjustment, the simulated in-cylinder pressure and HRR matched experimental
data and all initial conditions, model constants, and wall temperature were held unchanged for other
diesel injection timings. This is because during the experiment, the intake conditions, wall
temperature, and fuel injector properties were kept constant, while diesel injection timing on natural

gas/diesel dual-fuel combustion was varied.

Table 2-4. Initial and boundary conditions
Boundary conditions Boundary type/specific condition

Cylinder head Wall-temperature 400 K

Piston Mesh movement-temperature 400 K
Segment cut Periodic inlet/outlet

Liner Wall-temperature 400 K

Initial conditions
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Pressure at IVC 1.02 bar

Temperature at IVC 360 K
Turb. kin. energy 10 m?/s?
Turb. length scale 0.003m
Turb. diss. Rate 1732 m?/s®

2.4.4. Test conditions

According to the experimental test cases (Table 2-3), all test conditions, including engine load
(25% load and BMEP=4.05 bar), speed (910 rpm), natural gas energy fraction (75%), diesel injector
rail pressure (525 bar), and intake temperature and pressure (Pintake = 1.05 bar, Tintake = 313 K, and
EGR=0%) were kept constant and only the diesel injection timing was swept in the range between
10 and 50 °BTDC with an increment of 4 °CA. It should be noted that, during the experiments, diesel
injection timing is indicated by the time at which an electronic trigger is sent to the injector. The
occurrence of this in the cycle is selected as the indicated diesel injection timing. Due to the
mechanical response of the injector, there is a lag between the indicated and actual diesel injection
timing when the diesel fuel exits the injector nozzle into the combustion chamber. However, this lag
is not considered in the CFD simulation. The total equivalence ratio for each simulation (i.e., diesel

injection timing) case was adjusted to reproduce the experimental conditions, as shown in Figure 2-2.
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Figure 2-2. Total equivalence ratio versus different diesel injection timings
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2.5. Results and discussion

This section reports experimental and numerical results of the effect of diesel injection timing (10-
50 °BTDC with step of 4 °CA) on the combustion performance and emissions of natural gas/diesel
dual-fuel mode at 25% engine load (BMEP= 4.05 bar). Numerical simulation results (e.g., in-cylinder
pressure, HRR, thermal efficiency, and NOx, CO, unburned methane emissions, and spatial and
temporal contours of the mean charge temperature and equivalence ratio) are provided to further help

understand the behaviour of natural gas/diesel dual-fuel combustion process at a low engine load.

2.5.1. Effect of diesel injection timing on combustion performance

Figure 2-3 shows the effect of pilot diesel injection timings on the in-cylinder pressure and HRR
of natural gas/diesel dual-fuel mode under 25% engine load. It can be seen that there is a perfect
match between the measured and calculated in-cylinder pressure and HRR profiles, confirming the
ability of the CFD model. Moreover, the numerical simulation successfully captured the measured
ignition delay and combustion phasing (CAso), as shown in Figure 2-4. The ignition delay is defined
as the crank angle difference between the start of diesel fuel injection and the start of combustion
(SOC). The SOC and CAso are, respectively, defined as the crank angle positions of the maximum
HRR and 50% accumulated heat release (AHR). The measured heat release rate for each case was
calculated from the average in-cylinder pressure based on the first law of thermodynamics and the

ideal gas law.

It can be observed from Figure 2-3 that both experimental and numerical results show a significant
variation in the behaviour of the in-cylinder pressure when advancing diesel injection timing.
Advancing the injection timing up to 30 °BTDC (cases 1-6) increases the maximum in-cylinder
pressure and shifts the in-cylinder peak pressure close to the TDC. This is mainly attributed to the
variations in the in-cylinder temperature during the diesel injection and before SOC and also to the

local equivalence ratio inside the ignition pockets. Figure 2-5 displays the in-cylinder temperature
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contours at 5 °CA after diesel injection timing (ADIT) for all cases. As can be seen in this figure,
advancing the diesel injection timing up to 30 °BTDC leads to a reduction in the average in-cylinder
temperature when diesel fuel is injected into the cylinder. For instance, the average in-cylinder
temperature is around 950 K and 750 K for DIT=10 °BTDC and DIT=30 °BTDC, respectively. This
consequently leads to a prolonged ignition delay as shown in Figure 2-4a. As a result, more premixed
mixture (diesel and premixed natural gas-air) is formed during the ignition delay period. This can be
confirmed by calculating the spatial and temporal contours of total equivalence ratio before the SOC
for each case (Figure 2-6). This figure shows that advancing diesel fuel injection timing reduces the
fuel concentration gradient in the cylinder and avoids the local fuel rich combustion zones. This figure
shows also that the premixed natural gas-air and diesel fuel mixture is more homogeneous for DIT=30
°BTDC than that of DIT=10 °“BTDC at SOC. Therefore, combined with appropriate average in-
cylinder temperature (more than 800 K before SOC timing), a larger number and a wider space
distribution of ignition kernel are produced. Consequently, the proportion of premixed combustion is

increased.

With further advancing the injection timing (cases 7-11), the crank angle of the peak pressure is
retarded and the maximum in-cylinder pressure is decreased. For these cases, the ignition delay also
increases when advancing the diesel injection timing (Figure 2-4), and the diesel fuel experiences
very long atomization and evaporation processes. As a result, the combustion chamber volume
becomes more and more uniform without remarkable fuel stratification during the ignition delay
(Figure 2-6). However, the in-cylinder temperature is not high enough (lower than 750K) which leads
to a retarded combustion phasing (Figure 2-4b) and a reduced maximum in-cylinder pressure. For
very advanced diesel injection timing, the pilot diesel ignition mode is similar to that encountered in
a homogeneous charge compression ignition (HCCI) engine, where late combustion phasing happens

in the expansion stroke (Figure 2-4Db).
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Figure 2-3. Experimental and numerical in-cylinder pressure and HRR of natural gas/diesel dual-fuel
mode at different injection timings (cases 1-11) under 25% engine load
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Figure 2-4. Ignition delay and combustion phasing of natural gas/diesel dual-fuel mode with
different diesel injection timings under 25% engine load.
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Figure 2-5. In-cylinder temperature contours (at 5 °CA ADIT) for various diesel injection timings

of natural gas/diesel dual-fuel mode under 25% engine load
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Figure 2-6. Spatial contours of total equivalence ratio (at SOC timing) of various diesel injection
timings for natural gas/diesel dual-fuel mode under 25% engine load
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Figure 2-7 presents the spatial distribution of OH radical mass fraction for different diesel injection
timings at four selected frames of 4, 8, 12, and 16 ° after the start of combustion (ASOC). The
contours plane is located at a vertical distance of 11 mm from the nozzle tip. OH radical, which is
released during the oxidation process, is crucial for intermediate reactions. It is obvious that OH
radical distribution is wider for injection timings of 30 °BTDC than for other injection timings at
frame contour of 4 °ASOC (early stage of combustion). However, at diesel injection timings of 38
and 46 °BTDC, the blue non-reactive zones are much narrower than other injection timings during
the last stages of combustion (12 and 16 °’ASOC), indicating that a more premixed combustion takes
place in these cases. It is notable that the blue non-reactive zone for each case shows that very limited
high temperature oxidation reactions occur in this zone. Moreover, as the diesel injection timing
advances, the highest OH concentration is detected exclusively near the wall region of the piston
bowl which corresponds to the fuel rich zones (Figure 2-6). For example, at diesel injection timings
of 46 °BTDC, the highest OH concentration is located near the piston wall. On the contrary, at diesel
injection timing of 14 °BTDC, the highest OH concentration is closer to the cylinder axis and nozzle
tip. These contours reveal that, for late diesel injection timings (such as DIT= 14 °BTDC), the
consumption of premixed fuel in the outer part of the charge (far away from diesel spray nuclei) is
likely to be a significant challenge for dual-fuel combustion engine at low engine load. This
observation is important, since it could explain why natural gas/diesel dual-fuel combustion mode
under low engine load often suffers from high unburned methane emissions. However, with advanced
diesel injection timing, the OH radical distribution is more uniform throughout the combustion
chamber, which makes the combustion look similar to that in a HCCI engine and, therefore, helps

reduce unburned methane emissions.

4 °ASOC 8 °ASOC 12 °ASOC 16 °ASOC
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Figure 2-7. Spatial contours of OH radical for various diesel injection timings of natural
gas/diesel dual-fuel mode under 25% engine load

Figure 2-8a shows the variation of the indicated thermal efficiency (ITE) as a function of diesel
injection timings under 25% engine load. In order to support in more detail the results regarding the
effect of diesel injection timing on ITE of the dual-fuel engine at low load, it is needed to investigate
the heat release rate and CAso corresponding to each examined case (Figure 2-3 and Figure 2-4b).
For very retarded diesel injection timings (i.e., 10 and 14 °BTDC), the peak of the in-cylinder pressure

is low and CAsp is located far away from TDC. The combustion rate of natural gas is very slow and
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the fuel utilization is significantly poor. This is because the combustion of natural gas-air mixture is
significantly delayed compared to that of diesel-air mixture. The HRR profile exhibits a single
obvious peak which is relatively high as the second peak is almost indistinguishable, and thus the
HRR profile is not symmetric. For these cases, the combustion rate of the main combustion stage is
too slow, and the combustion efficiency of natural gas is extremely low (second peak of HRR).
However, advancing the diesel injection timing from 10 to 30 °BTDC advances combustion phasing,
increases the second peak of HRR, and its crank angle becomes closer to the first peak (diesel
premixed combustion). This is due to the fact that advancing the diesel injection timing prolongs the
ignition delay and thus more premixed natural gas-air and diesel mixture is formed before SOC. In
addition, the prolonged ignition allows the formation of larger number and wider space distribution
of ignition kernel. As a result, the combustion efficiency of natural gas and the ITE are improved, as

shown in Figure 2-8a.

As shown in Figure 2-3, dual-fuel combustion with diesel injection timings between 34 to 42
°BTDC (cases 7-9) has a faster combustion rate of natural gas-air mixture compared to previous cases
(cases 1-6). For these diesel injection timings (cases 7-9), diesel fuel experiences very long
atomization and evaporation processes. The CAsp is retarded and the combustion phasing continues
into the expansion stroke. The multipoint premixed combustion dominated by natural gas occurs
quickly after the premixed combustion of pilot diesel fuel. For these cases, the premixed combustion
of natural gas significantly improves and more heat is released at the premixed combustion stage.
This late released heat positively affects the expansion pressure which leads to an increase in ITE, as

shown in Figure 2-8a.

In dual-fuel combustion mode with very advanced diesel injection timing (cases 10 and 11), low
temperature chemical Kinetics reactions are often observed before the main combustion stage. The
premixed ignition of diesel-air-natural gas mixture provides a significant wide ignition source for

natural gas, resulting in a very fast combustion rate of natural gas-air mixture (Figure 2-8b). Before
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the start of the main combustion, a lower peak, which is caused by low temperature chemical kinetics
reactions, appears in the HRR profile (Figure 2-3, cases 10 and 11). There is only one significant
peak of the HRR profile during combustion stage which has similar characteristics to that of HCCI
combustion mode. For both diesel injection timings of 46 and 50 °BTDC, the HRR profile is almost
symmetric and SOC timing is very retarded. Combustion phasing (CAso) is very close to TDC and
most of the heat release happens during the expansion stroke (Figure 2-3 and Figure 2-4b). The
expansion pressure and positive engine work are significantly improved when the CAso occurs near
TDC and combustion has a short duration. Therefore, the thermal efficiency is the highest for these

injection timings (Figure 2-8a).

Figure 2-8b and Figure 2-8c depict the combustion rate and mass fraction of methane for three
selected diesel injection timings. It can be seen that, for diesel injection timing of 46 °BTDC, the
premixed natural gas combustion rate is higher with a greater utilization of natural gas compared to
diesel injection timings of 38 °BTDC and 22 °BTDC. This leads to higher thermal efficiency and

lower unburned methane emissions at the exhaust.
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Figure 2-8. ITE, CH4 combustion rate, and CH4 mass fraction profiles vs. diesel injection
timing for natural gas/diesel dual-fuel mode at 25% engine load

2.5.2. Effect of diesel injection timing on emissions

It is well-known that natural gas/diesel dual-fuel combustion suffers from higher level of unburned
methane and CO emissions at low engine load compared to that of diesel combustion. There are three
possible reasons for the increase of unburned methane emissions of natural gas/diesel dual-fuel
combustion mode at low load [55]. First, the premixed natural gas-air mixture is very lean, which
results in sufficiently low chemical reactivity and consequently partial oxidation of the fuel. Second,
the in-cylinder charge temperature is too low to oxidize the premixed natural gas fuel which has high
specific heat capacity. The temperature required for completing the oxidation of UHC is not enough
[56]. Finally, the extremely small amount of pilot diesel injected at a low engine load yields slower
combustion rate and consequently premixed natural gas, which is located far away from diesel spray,

avoids oxidation (combustion).

Figure 2-9a shows the experimental and numerical trends of the indicated unburned methane
emissions versus different diesel injection timings. The experimental results show that methane

emissions significantly decrease with advancing diesel injection timing. This trend is well reproduced
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by the CFD model. However, the model quantitatively over-predicts unburned methane emissions at
diesel injection timing between 26 and 34 °BTDC and also misses the slight increase trend at diesel
injection timing between 30 and 38 °BTDC. Both calculated and measured results show that methane
emissions are reduced by 6 times when diesel injection timing is advanced from 10 to 50 °BTDC.
This is due to the relatively higher combustion rate and greater utilization of premixed natural gas at
earlier injection timings (Figure 2-8b). Spatial and temporal distributions of unburned methane mass
fraction for three selected diesel injection timings at frames of 5 and 60 ASOC are shown in
Figure 2-10. It can be observed that oxidation of CH4 is more intense for diesel injection timing of
22 °BTDC during the first stage of combustion phase (at 5 °’ASOC). However, at 60 °ASOC, CH4
mass fraction of SOI = 46 °BTDC is lower than that of SOI=22 and 38 °BTD. This is due to the fact
that, at SOI = 46 °BTDC, the premixed ignition of diesel-air mixture provides a significant wide
ignition source for natural gas, resulting in a very fast combustion rate of natural gas-air mixture. As
a result, the propagation of the flame front spreads into the portions of the charge situated far away
from the pilot ignition nuclei (see Figure 2-7). Therefore, after an initial fast oxidation of the pilot
injection, the combustion process is faster and complete, which yields low unburned methane
emissions at the engine exhaust. It is worthwhile to note that, for all cases, the unburned methane is
mainly found near the piston wall region where a cooler temperature makes it difficult to ignite local

air-natural gas mixture.

The high level of CO emissions of dual-fuel combustion at low engine load is mainly due to very
lean premixed fuel-air mixture and low in-cylinder mean charge temperature which control the rate
of fuel decomposition and oxidation [34]. Figure 2-9b depicts the experimental and numerical trends
of indicated specific CO (ISCO) emissions under different diesel injection timing. A good agreement
of the CO emissions trends is found between the simulation and experimental data. The experimental
data shows that CO emissions significantly drop with advancing diesel injection timing. The

numerical simulation successfully captures the CO emissions trend of the experiments, except for
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diesel injection timings between 30 and 42 °BTDC. As illustrated above, with advancing diesel
injection timing, more premixed natural gas is entrained and the combustion process becomes faster
and complete, which is probably the main reason of CO emissions decrease. Moreover, for very
advanced diesel injection timings of 46 and 50 °BTDC, CO emissions tend to increase which is

mainly due to lower in-cylinder temperature.

The experimental trend in Figure 2-9 shows that advancing diesel injection timing from 10 to 30
°BTDC significantly reduces the unburned methane and to less extent CO emissions. However,
further advancing diesel injection timing between 46 and 50 °BTDC results in a further decrease in
unburned methane emissions, whereas CO emissions exhibit a change of trend, that is, a slight
increase. Based on these results, it can be concluded that, advancing diesel injection timing beyond
30 °BTDC does not significantly improve the unburned methane and CO emissions. This is mainly
due to the lower in-cylinder charge temperature and also the more trapped premixed natural gas-air-
diesel mixture in the crevice and squish volumes. The fact that the numerical simulation showed
continual decrease in the unburned methane and CO emissions with further advancing diesel injection

timing can be attributed to the crevice volume which is ignored in the CFD calculation.
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Figure 2-9. ISCH4 and ISCO emissions of natural gas/diesel dual-fuel mode with different
injection timings under 25% engine load
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Figure 2-10. Spatial contours of CH4 mass fraction of different diesel injection timings for
natural gas/diesel dual-fuel mode under 25% engine load

Local gas temperature, oxygen concentration, and residence time are the three major factors
affecting the formation of NOx emissions. Figure 2-11a illustrates the indicated specific NOx (ISNOx)
emissions at different diesel injection timings. It is observed that the experimental ISNOy trend is
well captured numerically. However, the model quantitatively over-predicts NOx emissions at diesel

injection timings of 10 and 14 °BTDC. NOx emissions consistently increase with advancing diesel
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injection timing up to 30 °BTDC. This is due to the fact that the local gas temperature becomes higher
and more homogeneous as diesel injection timing advances (Figure 2-12). With further advancing
diesel injection timing from 30 °BTDC, more combustion reactions take place throughout in the
combustion chamber, and the temperature field is more uniform as indicated by less local high
temperature zones (Figure 2-12). This is due to the fact that the diesel fuel injection event is
increasingly separated from the main combustion event (very long ignition delay). This separation
implies that the diesel spray has more time to disperse into the surrounding natural gas-air mixture
before the start of combustion. Thus, it is progressively less likely for a high-temperature diffusion
flame to envelop the diesel spray during combustion, since most of NOx emissions form in the high-
temperature regions surrounding diesel sprays. Consequently, further advancing diesel injection
timing up to 50 °BTDC significantly reduces NOx emissions. At the same time, with advancing diesel
injection timing, the total equivalence ratio shows a decreasing trend (Figure 2-2) which also
contributes to a reduction in ISNOyx emissions at very advanced diesel injection timings (DIT=50

°BTDC).

NOx — CHs and NOx — CO trade-off relationships are displayed in Figure 2-11b. While advancing
diesel injection timing in the range of conventional dual-fuel combustion (i.e., 10-30 °BTDC)
improves the emissions of unburned methane and CO, it produces high level of NOx emissions. It can
also be observed that diesel injection timing of 30 °BTDC is the conversion point for different
combustion of conventional dual-fuel. Further advancing diesel injection timing beyond this point
(30 °BTDC) drastically reduces NOx emissions and to a less extent the unburned methane and CO
emissions. However, it is clearly noticeable that very advanced diesel injection timings of 46 and 50
°BTDC reduce NOx and methane emissions, whereas CO emissions exhibit a slight increase.
Moreover, very advanced injection timings result in the highest ITE, as shown in Figure 2-8a. For
instance, with advancing diesel injection timing from 10 °BTDC to 50 °BTDC, NOy, methane and

CO emissions are reduced, respectively, by 65.8%, 83%, and 60%, whereas ITE is increased by 7.5%.
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However, for these very advanced diesel injection timings (46 and 50 °BTDC), the combustion

process is very sensitive to the engine operating conditions where the coefficient of variation of IMEP

(COVimep) exhibits an increasing trend (Figure 2-11c). Therefore, the engine operating conditions

must be strictly controlled to improve the combustion performance and emissions.
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injection timings for natural gas/diesel dual-fuel mode under 25% engine load

2.6. Conclusions

The effect of a wide range of diesel injection timing, varying from 10 to 50 °BTDC, on the
combustion performance and emissions of natural gas/diesel dual-fuel compression ignition engine
at low load has been studied experimentally and numerically with the aim to reduce methane and CO
emissions, and improve the engine thermal efficiency. The major concluding remarks are summarized

below.

e Different combustion modes can be achieved with advancing diesel injection timing.
Advancing the injection timing up to 30 °BTDC increases the maximum in-cylinder pressure
and also allows the crank angle of the in-cylinder peak pressure to move closer to the TDC.

This is due to the combined effect of prolonged ignition delay and higher in-cylinder charge
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temperature which results in a larger number and wider space distribution of ignition kernel.
With further advancing the diesel injection timing up to 50 °BTDC, the crank angle of the
peak pressure is retarded and the maximum in-cylinder pressure is decreased mainly due to
the lower in-cylinder temperature before SOC.

Analysis of OH spatial distribution showed that OH radical distribution is wider for an
injection timing of 30 °BTDC for the earlier stage of combustion. However, at very advanced
diesel injection timing, the non-reactive zones are much narrower than other injection timings
during the last stages of combustion, indicating that a greater premixed combustion takes
place in these cases. For late diesel injection timings, the consumption of premixed fuel in the
outer part of the charge is likely to be a significant challenge for dual-fuel combustion engine
at low engine load. However, with advancing the diesel injection timing, the OH radical is
more uniform throughout the combustion chamber which confirms that high temperature
combustion reactions can occur in the central part of the charge.

Natural gas/diesel dual-fuel combustion with diesel injection timings between 10 and 30
°BTDC (cases 1-6) experiences low combustion efficiency. However, advancing diesel
injection timing from 10 to 30 °BTDC improves the combustion of natural gas, leading to an
increase in ITE. For diesel injection timing between 34 and 42 °BTDC, diesel fuel experiences
very long atomization and evaporation processes. The SOC timing is retarded and the
combustion phasing continues into the expansion stroke. However, the late released heat of
this combustion mode still positively affects the expansion pressure which leads to an increase
in ITE. For both diesel injection timings of 46 and 50 °BTDC, combustion phasing mostly
happens during the expansion stroke which increases the expansion pressure and positive
engine work, and consequently yields the highest thermal efficiency.

Unburned methane and CO emissions are reduced, respectively, by 6 and 5 times when diesel

injection timing is advanced from 10 to 50 °BTDC. While advancing diesel injection timing
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in the range of conventional dual-fuel combustion (10-30 °BTDC) improves the emissions of
unburned methane and CO, it still produces high level of NOx emissions. Diesel injection
timing of 30 °BTDC is the conversion point for different combustion of conventional dual-
fuel. Further advancing diesel injection timing beyond this point (30 °BTDC) drastically
reduces NOx emissions and to a less extent unburned methane and CO emissions. This is
mainly due to the lower in-cylinder charge temperature and the trapped premixed natural gas-

air-diesel mixture in the crevice and squish volumes.

Overall, very advanced diesel injection timings of 46 and 50 °BTDC simultaneously reduce NOy,
unburned methane, and CO emissions. Moreover, very advanced injection timings can lead to the
highest ITE. The results revealed that with advancing diesel injection timing from 10 °BTDC to 50
°BTDC, NOx, unburned methane, and CO emissions are reduced, respectively, by 65.8%, 83%, and

60% while ITE is increased by 7.5%.
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Chapter 3: An experimental and numerical study on diesel injection

split of a natural gas/diesel dual-fuel engine at a low engine load

3.1.Abstract

Natural gas/diesel dual-fuel combustion is currently one of the most promising LTC strategies for the
next generation of heavy-duty engines. While this concept is not new and it has been deliberated
lengthily in the past two decades, several uncertainties still exist. A major shortcoming of this concept
Is associated with its low thermal efficiency and high level of unburned methane and CO emissions
under low engine load conditions. The present paper reports an experimental and numerical study on
the effect of different injection strategies (single and two pulses injection of pilot diesel fuel) on the
combustion performance and emissions of a heavy duty natural gas/diesel dual-fuel engine at 25%
engine load. The results of single diesel injection mode showed that advancing diesel injection timing
from 10 to 30 °BTDC reduced unburned methane and CO emissions by 62% and 61% and increased
thermal efficiency by 6%; however, NOx emissions increased by 74%. In order to achieve NOx — CH4
and NOx — CO trade-off and increased thermal efficiency at low load conditions, the effect of split
injection strategy was experimentally and numerically examined. The results of split injection mode
revealed that split injection strategy considerably increases the in-cylinder peak pressure compared
to that of single injection (10 °BTDC). The results showed also that the heat release produced by the
first injection of diesel fuel considerably increased the in-cylinder charge temperature before the start
of the second injection. The flame zone of the split injection mode is markedly higher than that of the
single injection due to larger heat release produced during the first injection which promotes the
combustion of the second one. When the first injection timing is close to the second injection timing,

the MPRR of split injection mode is higher than that of single injection (10 °BTDC). However, further
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advancing of the first injection timing continuously decreased the MPRR. OH radical analysis
showed that for advanced first injection timings (38-50 °BTDC), the overall growth rate of OH radical
becomes slower and its distribution is narrower as indicated by the wider non-reactive blue zones
compared with those observed at a late first injection timing in the initial stages of combustion.
However, OH radicals gradually grow during last stages of combustion in the expansion stroke,
indicating that a more premixed combustion takes place in these cases. For very advanced first
injection timing of 55 °BTDC, the OH distribution is similar to that of the single injection mode with
lower OH intensity at initial stages of combustion and they barely grow during the late expansion
stroke. At this condition, the ignition of premixed mixture is mainly controlled by the second diesel
fuel injection. The trade-off between NOx — CH4 and NOx — CO is achieved when applying split
injection. Compared to single injection (10 °BTDC), the first injection timing of 50 °BTDC decreased
unburned methane and CO emissions by 60% and 63%, respectively, and increased the thermal

efficiency by 8.9%. However, NOx emissions were maintained at the same level as single injection

mode (10 °BTDC).
Abbreviation
ADIT After Diesel Injection Timing EVO Exhaust Valve Opening
AMDIT After Main Diesel Injection Timing HCCI Homogeneous Charge Compression Ignition
ASOC After Start of Combustion HRR Heat Release Rate
ASOI After Start of Injection ITE Indicated Thermal Efficiency
BMEP Break Mean Effective Pressure LHV Lower Heating Value
BTDC Before Top Dead Center LTC Low Temperature Combustion
BTE Break Thermal Efficiency MPRR  Maximum Pressure Rise Rate
CA Crank Angle NOy Nitrogen Oxides
CFD Computational Fluid Dynamic SOoC Start of Combustion
Cl Compression Ignition SOl Start of Injection
Co Carbon monoxide TDC Top Dead Center
DIT Diesel Injection Timing THC Total Hydrocarbon
EGR Exhaust Gas Recirculation UHC Unburned Hydrocarbon
EQI End of Injection VCR Variable Compression Ratio

3.2.Introduction

The usage of petroleum as an energy source is expected to decrease due to limited global oil
reserves, its negative impact on the environment, and stringent emissions regulations. This will affect

compression ignition (CI) diesel engines which play significant role in transportation and power
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generation, where there is a need for cleaner, more economical, and reliable alternative fuels.
Conventional diesel engines also suffer from high soot emissions due to the over-rich regions in the
core area of the fuel spray and high nitrogen oxides (NOx) emissions as a result of high flame
temperature of the stoichiometric fuel-air mixture at the periphery of the fuel spray. In order to reduce
both soot and NOx emissions, fuel-rich and high temperature stoichiometric regions should be
avoided simultaneously [1]. An effective approach is to employ low temperature combustion (LTC)
strategies which are featured by improved fuel atomization, mixture preparation, lower local
equivalence ratios, reduced local temperature, and alternative fuels [2]. Homogeneous charge
compression ignition (HCCI) combustion is one of such strategies characterized by early fuel
injection, which promotes fuel premixed charge, long ignition delay, and short combustion duration.
Ignition timing is kinetically controlled and therefore decoupled from the timing of the fuel injection
event [3,4]. However, the lack of direct control of ignition timing and combustion phasing, higher
unburned hydrocarbon (UHC) and carbon monoxide (CO) emissions, as well as knock and misfiring
under transient conditions, are the major drawbacks of HCCI combustion engines [5-8]. In contrast,
some slightly more heterogeneous combustion strategies have been developed to overcome the
majority of the aforementioned challenges. For example, the charge distribution is more
heterogeneous than HCCI combustion as it consists of lean and rich regions at the time of ignition.
Moreover, ignition timing is closely coupled to the fuel injection timing, though chemical kinetics

still play an important role [3].

Natural gas/diesel dual-fuel combustion is one of these LTC strategies which allow a higher degree
of combustion phasing control while maintaining low soot and NOx emissions. In a dual-fuel engine,
the primary method of fuel delivery is the port injection of natural gas which creates well-mixed
charge of premixed fuel-air, while a small amount of diesel fuel is directly injected into the cylinder
as the ignition source. Natural gas/diesel dual-fuel combustion tends to retain most and even surpasses

occasionally the positive features of conventional diesel engines, and producing comparable power
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output and efficiency at different engine loads [9-11]. In addition, natural gas/diesel dual-fuel mode
has attracted much interests due to other advantages, such as simple modification from a diesel engine
and the flexibility in switching back to fully diesel mode [12]. Moreover, this combustion concept
relies on natural gas as the major energy source, which yields lower carbon dioxide (CO2) emissions
due to the higher hydrogen to carbon ratio. However, there still exist some issues that are limiting the
application of natural gas/diesel dual-fuel engines. One of these issues is the low thermal efficiency
and higher unburned methane and CO emissions at low engine load conditions. At low load
conditions, a natural gas/diesel dual-fuel engine is fed with a very lean air-fuel mixture which is
difficult to ignite and burn, leading to significant levels of unburned methane and CO emissions. This
IS because, at very lean air-methane mixtures, portions of the charge which resides far away from
diesel fuel spray escape the combustion process [13-15]. Numerous studies have addressed these
issues by examining the effect of combustion boundaries, such as diesel injection timing and pressure
[16-20], natural gas energy fraction [20-23], variable compression ratio (VCR) [25-27], natural gas
injection timing [20,28], and the use of exhaust gas recirculation (EGR) [29,30]. Among these
strategies, diesel injection timing change is of great interest and usually regarded as a critical factor

which has influence on the combustion performance and emissions characteristics.

Various researchers have examined the effect of conventional diesel injection timing (i.e., 5-30 °
before top dead center (BTDC)) on thermal efficiency and unburned methane and CO emissions of
natural gas/diesel dual-fuel mode at low conditions [10,14,17,31-34]. For instance, Zhang et al. [34]
examined the effect of diesel injection timing (DIT) sweep (DIT= 7-25 °BTDC with 2 °crank angle
(CA) increment) on combustion performance and emissions of natural gas/diesel dual-fuel mode and
found that total hydrocarbon (THC) and CO emissions reduced with advancing diesel injection
timing. On the other hand, they noted increased NOx emissions with advanced diesel injection timing
due to higher in-cylinder temperature. Yang et al. [14] investigated various diesel injection timings

(DIT=5-29 °BTDC with 4 °CA increment) in a natural gas/diesel dual-fuel engine at a low engine
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load. They reported that advancing diesel injection timing from 5 to 29 °BTDC significantly increased
break thermal efficiency (BTE). Moreover, they observed that, with advancing diesel injection
timing, THC and CO emissions notably decreased due to the relatively higher combustion rate and
greater utilization of premixed natural gas at earlier injection timings. Similar to the findings in [34],
NOx emission was observed to significantly increase with advancing diesel injection timing in [14].
Wang et al. [33] also observed that advancing diesel injection timing from -5 to 22.5 °BTDC

drastically increased NOx emissions, while decreased THC emissions.

Based on the briefly reviewed literature above, it is revealed that advancing diesel injection timing
in the range of conventional diesel injection timing (i.e., 5-30 °BTDC) improved thermal efficiency
as well as unburned methane and CO emissions but generated higher NOx emissions. To address this
issue, various single pulse conventional diesel injection timings (10-30 °BTDC with 4 °CA
increment) are experimentally and numerically examined in the present paper using a natural
gas/diesel dual-fuel combustion with 75% natural gas energy fraction under 25% engine load (break
mean effective pressure (BMEP)= 4.05 bar). Afterwards, the effect of diesel injection split (two
pulses injection) as a feasible method to decrease both NOyx and unburned methane emissions and
increase thermal efficiency is examined under the same engine load condition. In particular, the effect
of first pulse injection timing (28-55 °BTDC) with fixed split injection ratio of 60% and second pulse
injection timing of 10 °BTDC on combustion performance and emissions of natural gas/diesel dual-
fuel engine is investigated. This provides useful information for the optimization of diesel injection

strategy for natural gas/diesel dual-fuel combustion at low load engine conditions.

3.3.Experiments

3.3.1. Testengine

The engine used in this investigation is a modified single-cylinder version of Caterpillar’s 3400-

series heavy-duty engine. More details about the experimental setup and engine configuration can be
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found elsewnhere [35]. Table 3-1 lists the specifics of the engine and Figure 3-1 depicts the schematic

diagram of test setup.

Natural gas was injected into the intake port by a fuel injection manifold. Diesel fuel was directly
injected into the cylinder using a prototype common-rail fuel injector system. The start of injection
and injection pulse width for both diesel and natural gas were controlled by a driven system provided
by National Instruments (model PXI1-1031chassis, 8184 embedded controller, and 7813 R RIO card
connected to cRIO-9151 expansion chassis) and LabVIEW-based software (Drivven Inc., Stand-
Alone Direct Injector Drive System). The flow rates of diesel and natural gas were measured by two
Bronkhorst mass flowmeters, respectively, and the flow rate of air was measured by a turbine mass

flowmeter.

Table 3-1. Engine specifications

Engine type Single cylinder-caterpillar 3400 heavy duty engine
BorexStroke 137.2 mm x165.1 mm
Conn. rod length 261.62 mm
Displacement vol. 2.44 L

Compression ratio 16.25

Diesel fuel injector Common rail injector
Injector tip length 1.51 mm

Number of nozzle holexdiameter 6x0.23 mm

Natural gas injection timing -355 °’ATDC

Inlet valve opening (IVO) -358.3 °ATDC

Inlet valve closing (IVC) -169.7 °ATDC
Exhaust valve opening (EVO) 145.3 °ATDC
Exhaust valve closing (EVC) 348.3 °’ATDC
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Figure 3-1. Schematic diagram of the experimental setup [35].

3.3.2. Fuels and their supply systems

Diesel fuel used in this study was a Canadian ultra-low-sulfur diesel (ULSD), and the natural gas
used in this research was supplied by Enbridge Inc. Table 3-2 gives the properties of both diesel and
natural gas used in this study. During the experiment, natural gas energy fraction, which is defined
as the energy of natural gas divided by total energy of natural gas and diesel fuel, was kept constant

at 75%.

Table 3-2. Fuel properties

Fuel type Natural gas Diesel
Density (kg/m®) 814.8
Cetane number - 44
LHV (MJ/kg) 48.4 44.64
Viscosity (cSt 40 °C) 1.483
H/C ratio - 1.90
Component (% Vol.) Methane: 96.186

Ethane: 1.741
Propane: 0.100
Hexanes: 0.012
Nitrogen: 1.372
Carbon  dioxide:
0.589
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3.3.3. Test procedure and conditions

The experiments were conducted at an engine speed of 910 rpm and a brake mean effective
pressure (BMEP) of 4.05 bar, which corresponded to 25% engine load. The intake temperature was
kept constant at 40 "C during the experiments. The intake and exhaust manifold pressures were kept
at 1.05 and 1.20 bar, respectively. The diesel injector rail pressure was 525 bar. EGR was not used in
this study. During the tests, a sweep of diesel injection timing for both single injection and split

injection modes was conducted.

3.3.4. Diesel injection strategies

The injection strategies employed in this study consisted of a single and two-pulse injections. For
the two-pulse injection strategy, the first pulse injection timing was swept from 55 to 28 °BTDC,
while the second pulse injection timing was kept constant at 10 °BTDC. The split ratio, which is
defined as the mass of the diesel fuel injected in the first pulse over the total mass of the injected
diesel fuel, was set at 60%. Table 3-3 shows details of the diesel injection strategies tested in the

experiments.

Table 3-3. Experimental test cases- single and split injection strategies under 75% natural gas
energy fraction and 25% engine load

Injection Air flow Diesel NG SOl EOI
strategy (kg/h) flow flow (°BTDC) (°BTDC)
(kg/h) (kg/h)
66.93 0.5238 1.470 10 3.57
67.21 0.4948 1.389 14 7.71
Single 67.57 0.4710 1.306 18 11.81 - -
injection 67.45 0.4503 1.259 22 15.89
67.08 0.4370 1.237 26 19.95
66.7053 0.4552 1.2345 30 23.86

solI1 EOIL SolI2 EOI2
(°BTDC) (°BTDC) (°BTDC) (°BTDC)

63.89 0.4346 1.207 28 22.53 6.35
63.81 0.4266 1.197 30 24.55 6.37
63.91 0.4271 1.186 34 28.56 6.38
63.03 0.4212 1.181 38 32.65 6.43
64.15 0.4168 1.178 42 36.57 10 6.38
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Split 64.14 0.4206 1.152 46 40.47 6.31
injection 64.16 0.4131 1.146 50 44.48 6.32
(60/40%0) 64.02 0.4294 1.178 55 49.51 6.34

3.4.Numerical models

3.4.1. Flow and combustion modelling

Details of the model were reported in [36] and thus only a brief description is given here.
Numerical simulations were performed using AVL-FIRE v2014 software coupled with CHEMKIN
solver for flow and chemistry calculations. Both flow and combustion were modelled by solving the
complete set of Navier-Stokes equations. CHEMKIN package was used to acquire reactions rates and
thermal and transport properties of species. A reactions mechanism, consisting of 42 species and 168
reactions, developed at Chalmers University [37] and validated at engine relevant conditions by
Aggarwal [38] was used in the calculation. In this chemical mechanism, n-heptane was used to
represent diesel, and methane was used to represent natural gas. The Heywood original NOx
mechanism was used in this study to account for thermal and prompt NOy formation [39]. To reduce
the computational cost, soot emissions were not considered in the simulation, since soot prediction
needs a more complex reaction mechanism. However, our experimental measurements showed that
soot emissions for dual-fuel engine are very low [40]. Therefore, neglecting soot in the simulation
should have insignificant effect on the results of other parameters. The “’Kong-Reitz’’ combustion
model was used in the simulation. It assumes that the reaction rate of each species is determined by
the kinetic process and the relative magnitude of mixing and reaction, which can be characterized by
a local Damkohler number defined as the ratio of flow mixing to kinetic time scale [41].
Renormalization group (RNG) k-¢ turbulence model, Reynolds Averaged Navier-Stokes (RANS),
and pressure implicit with splitting of operators (PISO) algorithm were used to simulate the transient

turbulent flow in the combustion chamber [42]. In the present study, the flow behaviour near the
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cylinder wall and the heat transfer between the working fluid and the cylinder wall were modeled

using the Hybrid Wall Treatment and Standard Wall Function models [39].

3.4.2. Spray modelling

The break-up process of diesel liquid fuel was simulated using WAVE model based on the
physical properties (for the spray and mixing process) of diesel fuel [43]. In this model, the growth
of an initial perturbation on the liquid surface is linked to its wavelength and other physical and
dynamic parameters of the injected fuel and the in-cylinder gas. There exist two break-up regimes,
one for high velocity Kevin-Helmholtz (KH) type and the other for low velocity Rayleigh-Taylor
(RT) type break-up [44]. For the first case, the size of droplets is set equal to the wavelength of the
fastest growing or most probable unstable surface wave. Rayleigh type break-up produces droplets
that are larger than the original parent drops. This regime is not important for high pressure injection
systems. The use of WAVE model in the present study, which was developed for KH instabilities, is
an appropriate approach for high pressure injection system [43]. Primary parcels (blobs) are injected
with a diameter similar to the nozzle orifice and a velocity which is a function of the injected mass
flow rate. Particles passing through the flow interact with turbulent eddies. Such interaction results
in deflecting particles by the instantaneous velocity of turbulent eddies and particles inertia. This
additional turbulence effect on the spray particles could not be resolved by the flow field and
consequently the O’Rourke turbulent dispersion model was used in the present study [43]. Moreover,
Dukowicz model [45] was used for the heat-up and evaporation of droplets. It assumes that droplets
evaporate in a non-condensable gas environment. Therefore, it uses a two-component system in the
gas-phase which consists of vapor and non-condensable gas where each component may be composed

of a mixture of different species.
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3.4.3. Computational domain and initial conditions

The computational mesh was created by FIRE ESE-Diesel platform. Since the diesel injector has
six equally spaced nozzle’s orifices, a sector mesh of 60° was used to model one spray plume to take
advantage of the axial symmetry. To ensure mesh independency, an optimized average cell size of
1.5 mm consisting of 28,833 control volumes at the top dead center (TDC) and 76,020 control
volumes at the bottom dead center (BDC) was used. Further refinement of the mesh resolution up to
1 mm did not produce any significant improvement in the accuracy of the predictions, while the
required computational runtime was 30% longer. The simulation time step was varied in the range
from 0.25 to 0.5 crank angle (°CA) based on the temporal gradients of the computed parameters.
Computation was performed in series using a 8-core processor and lasted approximately 6 hours CPU
time. The computational domain at the TDC is shown in Figure 3-2. The boundary conditions at the
engine head and piston surfaces were defined as impermeable wall boundary conditions. The cylinder
geometry was assumed to be symmetric around the cylinder axis, and cyclic boundary conditions
were applied to the cutting surfaces as shown in Figure 3-2. Simulation was initialized at IVC and
terminated prior to EVO. The port fuel injected natural gas was considered to be homogeneously
mixed with air at IVC. Table 3-4 provides the boundary and initial conditions for the numerically

simulated cases.
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Figure 3-2. Computational domain of complete (left) and one-sixth (right) of the combustion
chamber at TDC

Table 3-4. Initial and boundary conditions
Boundary conditions Boundary type/specific condition

Cylinder head Wall-temperature 400 K

Piston Mesh movement-temperature 400 K
Segment cut Periodic inlet/outlet

Liner Wall-temperature 400 K

Initial conditions

Pressure at IVC 1.02 bar

Temperature at IVC 360 K

Turb. kin. energy 10 m?/s?

Turb. length scale 0.003m

Turb. diss. Rate 1732%/s?

3.4.4. Test conditions

According to the experimental test cases (Table 3-3), all test conditions, including engine load
(25% load and BMEP=4.05 bar), speed (910 rpm), natural gas energy fraction (75%), diesel injector
rail pressure (525 bar), and intake temperature and pressure (Pintake = 1.05 bar, Tintake = 313 K, and
EGR=0%) were kept constant during the simulation and only the effect of different diesel injection
strategies (i.e., single and double pulse injections) on the combustion performance and emissions of

dual-fuel combustion was investigated.

3.5.Result and discussion

This section first reports the experimental and numerical results of the effect of conventional
single injection timings (10-30 °BTDC) on combustion performance and emissions of natural
gas/diesel dual-fuel combustion at 25% engine load (BMEP=4.05 bar). All test conditions, including
engine load (25% load and BMEP=4.05 bar), speed (910 rpm), natural gas energy fraction (75%),
diesel injector rail pressure (525 bar), and intake temperature and pressure (Pintake = 1.05 bar, Tintake =
313 K, and EGR=0%) were kept constant and only diesel injection timing was swept in the range

between 10 and 30 °BTDC with an increment of 4 °CA. Then the experimental and numerical results
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of the effect of split injection (two pulses injection) on combustion performance and emissions of
dual-fuel engine are provided. Numerical simulation results including in-cylinder pressure, heat
release rate (HRR), thermal efficiency, emissions of NOx, CO and unburned methane, and spatial and
temporal contours of the mean charge temperature and OH radical are provided to help understand

the behaviour of natural gas/diesel dual-fuel combustion process at low engine load conditions.

3.5.1. Single injection

Figure 3-3 shows the effect of conventional injection timing (10-30 °BTDC) on the in-cylinder
pressure and HRR of natural gas/diesel dual-fuel mode at 25% engine load (BMEP=4.05 bar). In this
study, the measured and calculated HRR was obtained from the average in-cylinder pressure based
on the first law of thermodynamics and the ideal gas law. It can be seen that there is a good match
between the measured and calculated in-cylinder pressure and HRR profiles, demonstrating the
ability of the CFD model along with the adopted reaction mechanism. Advancing the injection timing
up to 30 °BTDC increases the maximum in-cylinder pressure and shifts the in-cylinder peak pressure
close to the TDC. The in-cylinder temperature during the diesel injection and before start of
combustion (SOC) largely affects the premixed mixture formation. Figure 3-4 displays the in-cylinder
temperature contours at 5 °CA after diesel injection timing (ADIT) and n-heptane mass fraction
distribution at SOC for three selected diesel injection timings. As shown in this figure, at injection
timing of 30 °BTDC the mixing process occurs earlier in the compression stroke and consequently
lower temperature is present in the combustion chamber during the diesel injection and before SOC.
This leads to a prolonged ignition delay and consequently more premixed mixture (diesel and
premixed natural gas-air) is formed during the ignition delay period when advancing the diesel
injection timing from 10 to 30 °BTDC (Figure 3-4). Earlier injection timing tends to advance the
combustion phasing while prolonged ignition delay tends to retard combustion phasing. The effect

of advancing diesel injection timing is more significant than that of prolonged ignition delay, leading
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to the shift of combustion phasing toward TDC and thus higher maximum in-cylinder pressure when

advancing diesel injection timing from 10 to 30 °BTDC.

Figure 3-5a displays the variation of the indicated thermal efficiency (ITE) as a function of diesel
injection timing (single injection) under 25% engine load. Advancing the diesel injection timing from
10 to 30 °BTDC significantly increases the thermal efficiency (6%). This is due to the fact that
advancing the diesel injection timing prolongs the ignition delay and thus more premixed natural gas-
air and diesel mixture is formed before SOC which leads to larger number and wider space
distribution of ignition kernel. As a result, combustion efficiency of natural gas is improved, which
can be shown by Figure 3-5b and Figure 3-5c that show that advancing diesel injection timing from
10 to 30 °BTDC considerably reduces unburned methane and CO emissions, whereas increases NOx
emissions. Simulation results show that unburned methane and CO emissions are reduced by 62%
and 61%, respectively. Advancing diesel injection timing enhanced the entrainment of premixed
natural gas into the ignition kernels and consequently the combustion process becomes faster and
complete, which is the main reason of the reduction in methane and CO emissions. However, NOx
emissions are increased by 61.3% when diesel injection timing is advanced from 10 to 30 °BTDC.
This is due to the fact that the local gas temperature becomes higher and more homogeneous mixture
is formed in the cylinder as diesel injection timing advances. Therefore, natural gas/diesel dual-fuel
engine experiences improved thermal efficiency and unburned methane and CO emissions but at the
expense of higher NOx emissions when diesel injection is advanced from 10 to 30 °BTDC. This is
not in line with LTC strategies which are generally centered on ultra-low NOx emissions. In order to
obtain NOx — CH4 and NOx — CO trade-off, the effect of split injection strategy on natural gas/diesel

dual-fuel combustion under similar engine load is investigated in the next section.
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Figure 3-3. Comparison of experimental and numerical in-cylinder pressure and HRR of dual-fuel
mode with single injection mode under 25% engine load.
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Figure 3-4. In-cylinder temperature (at 5 °CA ADIT) and n-heptane (at SOC) contours of dual-fuel
mode with single injection under 25% engine load.
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Figure 3-5. Thermal efficiency and emissions of dual-fuel engine with single injection mode under
25% engine load.

3.5.2. Splitinjection

In this section the effect of first pulse injection timing (28-55 °BTDC) with a fixed second pulse
injection timing of 10 °BTDC and split injection ratio of 60% on combustion performance and
emissions under 25% engine load is studied. Split injection ratio is defined as the mass ratio of diesel
fuel injected in the first pulse divided by the total amount of the injected diesel fuel. The operating

conditions for different split injection strategies are listed in Table 3-3.

3.5.2.1.Effect of split injection on combustion characteristics

Figure 3-6 shows the experimental in-cylinder pressure and HRR of natural gas/diesel dual-fuel
combustion of selected first injection timings under fixed split ratio of 60%, second injection timing
of 10 °BTDC, and 25% engine load. Moreover, Figure 3-7 displays a comparison between the
experimental and numerical in-cylinder pressure and HRR profiles for different first injection timings
(28-55 °BTDC) and second injection timing of 10 °BTDC. It can be seen, from Figure 3-6a, that split

injection mode considerably increases the in-cylinder peak pressure compared to that of single
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injection (10 °BTDC). Figure 3-8 compares the in-cylinder temperature of different first injection
timings with that of single injection (SOI=10 °BTDC) at frame contours of 10 and 7 °BTDC. It can
be observed that, compared to single injection mode, the heat release produced by first injection of
diesel fuel considerably increases the in-cylinder charge temperature before the start of the second
injection. The flame zone of the split injection mode is markedly higher than that of the single
injection due to larger heat release produced during the first injection which promotes the combustion

of the second one.

As shown in Figure 3-6 and Figure 3-7, when the first injection timing is close to the second
injection timing (first injection timings of 28, 30, and 34 °BTDC), the advancement of the first
injection timing leads to increased peak in-cylinder pressure and HRR. This is mainly due to the
advancement of combustion phasing toward TDC. Further advancing first injection timing (38-55
°BTDC) retards the SOC and shifts the combustion phasing away from TDC, leading to decreased
peak in-cylinder pressure. Although the peak heat release rate happens slightly later for split injection
than for single injection, the maximum pressure of split injection is higher than single injection when
the first injection timing is 55 °BTDC. This is because of the significantly lower methane and CO
emissions for split injection. As shown in Figure 3-8, when the first injection timing is close to the
second injection (i.e., SOI1=30 °BTDC), the second injected diesel fuel spray is close to the high
temperature region resulting from the first injection of diesel fuel (flame kernels of the first injection
pulse). Thus, the spray of the second injection and the initial stages of flame kernels of the first
injection interact with each other, as indicated in Figure 3-8 through the temperature distributions.
Consequently, the effect of the first injection is more profound, which leads to increased ignition area
of the in-cylinder mixture, earlier SOC (Figure 3-9a) and combustion phasing, and increased in-
cylinder peak pressure. Further advancing the first injection timing (38-55 °BTDC) weakens its
influence on the combustion of the second injected diesel fuel. This is due to the fact that under

advanced first injection timings (i.e. 42 and 50 °BTDC in Figure 3-8), the second injected diesel fuel
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spray is located far away from the high temperature region resulted from the first injection of diesel
fuel. Under this condition, very advanced first injection timing leads to longer ignition delay, which
promotes air-fuel mixing and the formation of leaner air-natural gas and diesel fuel mixture. Thus,
SOC (Figure 3-9a) and combustion phasing are retarded which lead to reduced peak in-cylinder

pressure.

In this study, the zero-crossing point of heat release curve is defined as SOC [46]. It can be seen
from Figure 3-9a that SOC advances firstly and then gradually delays, with advancing the first
injection timing. When the first injection timing is close to the second injection timing (first injection
timings of 28, 30, and 34 °BTDC), advancing the first injection timing makes the mixing of diesel
and natural gas/air mixture start earlier and therefore advances SOC. Further advancing the first
injection timing (38-50 °BTDC) results in lower in-cylinder thermal environment at the time of first
injection, which leads to longer ignition delay and retarded SOC. This is effective for improving the
mixing of natural gas-air and the diesel fuel injected by the first injection and consequently the
formation of leaner air-natural gas-diesel mixture. It also helps reduce methane and CO emissions
and improve thermal efficiency. At very advanced first injection timing of 55 °BTDC, the premixed
charge mixture (including the first injection of diesel fuel and natural gas-air) is too lean to be ignited
in the compression stroke so that the ignition timing of the premixed charge is determined by the
second injection of diesel fuel. In this case, the combustion starts very late (5.1 °BTDC) after the

second injection of diesel fuel (Figure 3-9a).

Figure 3-9b shows the maximum pressure rise rate (MPRR) of single and split injection modes
under 25% engine load. The MPRR is usually adopted as an index to describe the intensity of
combustion roughness. Combustion noise is closely related to MPRR, which is a problem for highly
premixed combustion like LTC. As shown in this figure, when the first injection timing is close to
the second injection timing, the MPRR of split injection mode is much higher than that of single

injection. However, further advancing first injection timing continuously decreases the MPRR. This
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is due to the fact that advancing first injection timings weakens the effect of split injected fuel on
premixed charge combustion. It retards the SOC and reduces the MPRR. For very advanced first
injection timing of 55 °BTDC, the MPRR decreases significantly and is lower than that of single
injection. As mentioned earlier, the SOC is very retarded (4.6 °BTDC) and occurs after the second
injection timing. In this case the second injection of diesel fuel controls the ignition and combustion

rate of the in-cylinder mixture.
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Figure 3-6. Experimental in-cylinder pressure and HRR of dual-fuel mode with split injection under
25% engine load.
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Figure 3-7. Experimental and numerical comparison of in-cylinder pressure and HRR of dual-fuel
combustion with split injection mode (different first injection timings and second injection timing of
10 °BTDC) under 25% engine load.
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Figure 3-9. Experimental and numerical comparison of SOC and MPRR of dual-fuel combustion
with split injection mode under 25% engine load.

Figure 3-10 presents the spatial distribution of OH radical mass fraction for single injection timing
of 10 °BTDC and selected first injection timings of 30, 42, 50, and 55 °BTDC at different crank
angles of 3, 6, 10, and 15 ° after the start of combustion (ASOC). The contours plane is located at a
vertical distance of 11 mm from the nozzle tip (top view). Moreover, Figure 3-11 depicts the in-
cylinder charge temperature for these selected first injection timings at 8 ’ASOC (side view). It can
be observed, from Figure 3-10, that OH radical distribution is wider and more intense for the first
injection timing of 30 °BTDC compared to single injection (10 °BTDC) and other first injection
timings at initial stages of combustion (frame contours of 3 and 6 °ASOC). As shown in this figure,
for this case, due to high temperature and pressure of premixed charge, the first injected diesel is
directly ignited before the second injection timing. The second injected diesel fuel spray is close to
the high temperature region resulting from the first injection of diesel fuel (flame kernels of the first
injection pulse). Thus, the spray of the second injection and the initial stages of flame kernels of the
first injection interact with each other and the second diesel injection undergoes auto-ignition
instantly which leads to increased ignition area of the in-cylinder mixture in the directions of spray
during the initial stages of combustion (Figure 3-11). However, OH radical distribution for this case
appeared throughout the injection zones and their sizes do not change significantly during the last
stages of combustion (frame contours of 10 and 15 °ASOC). With advancing first injection timing
(i.e., 42 and 50 °BTDC), the overall growth rate of OH radical becomes slower, its distribution is
narrower, and the blue non-reactive zones are wider than those observed with a late first injection
timing in the initial stages of combustion. However, they gradually continue to grow during last stages
of combustion in the expansion stroke, indicating that a more premixed combustion takes place in
these cases (Figure 3-10 and Figure 3-11). It increases heat release during the expansion stroke which

results in increased thermal efficiency. It is notable that for these cases (i.e., SO11=42 and 50 °BTDC),
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the OH radicals are detected in two zones at 10 °ASOC. The first zone is found near the wall region
of piston bowl which corresponds to the high temperature fuel rich zones of first injected fuel and the
second one is detected closer to the cylinder axis and nozzle tip which corresponds to the second
diesel fuel injection (see Figure 3-11). Moreover, for very advanced injection timing of 55 °BTDC,
the OH distribution is similar to that of the single injection mode with lower OH intensity at initial
stages of combustion (3 °ASOC). For this case, the premixed charge (air-natural gas-first injected
diesel) is very lean and the second injection of diesel fuel mostly controls the ignition of the premixed
charge. It can be seen that the OH radicals are detected very close to cylinder axis and nozzle tip and
they barely grow during the late expansion stroke (Figure 3-10). Moreover, the OH distribution is
much narrower than that of the first injection timings of 30, 42, and 50 °BTDC, however, it is still

wider than that of single injection (10 °BTDC).
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3.5.2.2.Effect of split injection on engine performance and emissions

Figure 3-12 shows the ITE of natural gas/diesel dual-fuel combustion under single injection timing
of 10 °BTDC and different first injection timings at 25% load condition. As shown in this figure, a
considerable improvement in ITE can be observed when using split injection strategy. The ITE of
dual-fuel combustion with split injection mode is increased (on average) by 7% compared to that of
single injection mode. Moreover, the highest thermal efficiency (38.04%) is obtained at the first
injection timing of 50 °BTDC. It can be seen that the ITE continuously increases with advancing the
first injection timing from 28 to 50 °BTDC. As shown in Figure 3-10 and Figure 3-11, with advancing
the first injection timing, the premixed ignition of diesel-air-natural gas mixture provides a significant
wide ignition source for natural gas, resulting in a faster combustion rate of natural gas-air mixture.
The multipoint premixed combustion dominated by natural gas occurs quickly after the premixed
combustion of pilot diesel fuel which results in improved premixed combustion of natural gas and
more released heat during the premixed combustion stage. This late released heat positively affects
the expansion pressure which leads to an increase in ITE. However, the ITE starts to drop for very
advanced first injection timing of 55 °BTDC. This is due to the late start of combustion which causes
combustion process to be shifted into the expansion stroke which results in lower in-cylinder pressure
during the expansion stroke. This yields an increase in unburned methane and CO emissions

(Figure 3-13) which leads to a decrease in thermal efficiency.
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Figure 3-12. Experimental and numerical comparison of ITE under 25% engine load.

Figure 3-13a depicts the variation of NOx emissions under different first injection timings and
single injection timing of 10 °BTDC at 25% engine load. The formation of NOx is related to
combustion temperature and oxygen concentration. Higher in-cylinder charge temperature and
oxygen concentration and longer reaction times result in more NOx formation. It is observed that the
experimental NOy trend is well captured numerically. However, the model quantitatively over-
predicts NOx emissions. Moreover, it can be seen that a late first injection timing significantly
increases NOyx emissions compared to that of single injection mode. This is because the first injected
diesel is directly ignited due to high in-cylinder charge temperature. The second part of diesel fuel is
injected during the combustion of the first injection, which leads to short interval time for sufficient
air-fuel mixing. The local high combustion temperature regions are relatively wide (Figure 3-14)
which results in relatively higher NOx emissions. Advancing first injection timing leads to leaner
diesel and natural gas-air mixture formation. The ignition effect of the first injection of diesel fuel on
the second injection weakens, resulting in delayed SOC. It prompts better air-fuel mixing which

provides local lean and low combustion temperature regions, and thereby decreases largely NOx
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formation. From Figure 3-13a, it can be seen that, at first injection timing of 50 °BTDC, the level of

NOx emissions becomes similar to that of single injection mode (10 °BTDC).

The high level of unburned methane emissions of natural gas/diesel dual-fuel combustion at low
load is caused by very lean premixed natural gas-air mixture and low chemical reactivity, low
combustion rate due to extremely small amount of injected diesel fuel, and low in-cylinder charge
temperature for premixed natural gas fuel oxidation [47,48]. Figure 3-13b presents the unburned
methane emissions for single injection timing of 10 °BTDC and different first injection timings under
25% engine load. The experimental results show that dual-fuel combustion with split injection mode
significantly decreases unburned methane emissions compared to that of single injection mode (10
°BTDC). This trend is well reproduced by the CFD model. However, the numerical model over-
predicts the unburned methane emissions under the examined first injection timings and misses the
slight increase trend at first injection timings of 34-42 °BTDC. This might be due to the adopted
reduced mechanism for natural gas/diesel dual-fuel combustion and also to the representation of
diesel and natural gas by n-heptane and methane, respectively. Moreover, simulated methane
emissions were predicted at EVO which may also contribute to the difference between the predicted
and measured unburned methane emissions. It can be seen that the lowest methane emissions are
achieved at very advanced first injection timing of 50 °BTDC. At this first injection timing, unburned
methane emissions decrease by 60% compared to that of single injection. This is due to the improved
premixed combustion and greater utilization of natural gas at earlier first injection timings. Further
advancing first injection timing to 55 °BTDC increases the unburned methane emissions which are

mainly due to a drop in combustion intensity during the expansion stroke.

The production of CO is mainly due to the incomplete combustion of fuels in the cylinder. Hence,
CO is an intermediate product during the combustion process which can be formed in local oxygen
deficit and low temperature regions. Excess air and combustion temperature greatly affect the

oxidation reaction for converting CO to CO: [49]. Figure 3-13c displays the CO emissions for single
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injection timing of 10 °BTDC and different first injection timings under 25% engine load. Due to the
similar reason for the over-prediction of unburned methane emissions, the numerical model over-
estimated the CO emissions under the examined first injection timings. However, its trend is well
captured by the CFD model. It can be seen that compared to single injection mode, split injection
considerably reduces the CO emissions. Compared to single injection, CO emissions are reduced by
63% at first injection timing of 50 °BTDC. Further advancing first injection timing (55 °BTDC)
weakens the effect of first injected fuel on ignition and combustion intensity, and consequently leads

to lower combustion temperature and increased CO emissions.
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Figure 3-13. Comparison between experimental and numerical emissions under 25% engine load.
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Figure 3-14. In-cylinder temperature (at TDC) of selected first injection timings under 25% engine load.

3.6.Conclusions

In this study, the effect of conventional single injection timing on the combustion and emissions
characteristics of a natural gas/diesel dual-fuel combustion under low load conditions were
investigated. Moreover, to achieve NOx — CH4 and NOx — CO trade-off, the effect of split injection
strategy under similar engine load was examined. The main conclusions of this study are summarized

as follows:

o Natural gas/diesel dual-fuel engine at low loads experienced improved thermal efficiency and
unburned methane and CO emissions at the expense of higher NOx emissions when diesel
injection is advanced from 10 to 30 °BTDC. Advancing single diesel injection timing from
10to 30 °BTDC reduced unburned methane and CO emissions by 62% and 61% and increased
thermal efficiency by 6%, but increased NOy emissions by 74%.

e Split injection mode considerably increased the peak in-cylinder pressure compared to that of
single injection (10 °BTDC). For late first injection timing, advancing the first injection
timing led to increased peak in-cylinder pressure. Due to high temperature of premixed

charge, first injected diesel directly ignited and the interaction between the spray of the second
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injection and the initial stages of flame kernels led to increased ignition area of the in-cylinder
mixture. Further advancing the first injection timing weakened the influence of the first
injection of diesel fuel combustion on the second injection combustion. Moreover, at very
advanced first injection timing of 55 °BTDC, the ignition of premixed charge is mainly
controlled by the second diesel fuel injection.

For advanced first injection timings (38-50 °BTDC), the overall growth rate of OH radical
became slower with a narrower distribution, and a wider blue non-reactive zones than those
observed with a late first injection timing in the initial stages of combustion. However, they
exhibited a gradual growth during the last stages of combustion in the expansion stroke,
indicating that a more premixed combustion occurred in these cases. For first injection timings
of 42 and 50 °BTDC, the OH radicals were detected in the two zones during the last stages of
combustion. Moreover, for very advanced injection timing of 55 °BTDC, the OH distribution
is similar to that of the single injection mode with lower OH intensity at initial stages of
combustion.

The ITE of dual-fuel combustion with split injection mode increased (on average) by 7%
compared to that of single injection mode. ITE continuously increased with advancing first
injection timing from 28 to 50 °BTDC and the highest thermal efficiency of 38.04% was
achieved at first injection timing of 50 °BTDC. However, the ITE started dropping for very
advanced injection timing of 55 °BTDC as a result of late combustion phasing during the
expansion stroke. Applying closely first injection timing significantly increased NOx
emissions compared to that of single injection mode. However, advancing first injection
timing led to improved air-fuel mixing and lessened high combustion temperature regions,
which consequently diminished NOx formation. Moreover, the lowest methane and CO
emissions were achieved at very advanced first injection timing of 50 °BTDC due to improved

premixed combustion and greater utilization of natural gas at earlier first injection timings.
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The trade-off between NOx — CH4 and NOx — CO was accomplished with the application of split
injection strategy. Compared to single injection, first injection timing of 50 °BTDC decreased
unburned methane and CO emissions by, respectively, 60% and 63% and increased the thermal
efficiency by 8.9%. However, NOx emissions was maintained at the same level as that of single

injection mode (10 °BTDC).
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Chapter 4: Effect of diesel injection timing on the combustion of
natural gas/diesel dual-fuel engine at low-high load and low-high

speed conditions

4.1. Abstract

Past research has shown that advancing diesel injection timing is a promising approach to decrease
the unburned methane and greenhouse gas (GHG) emissions of natural gas/diesel dual-fuel engines
at lower engine loads. However, this benefit may not persist under medium to high load-low speed
conditions. To explore this, the present paper uses experiments and detailed computational fluid
dynamic (CFD) modeling to investigate the impacts of diesel injection timing on the combustion and
emissions performance of a heavy-duty natural gas/diesel dual-fuel engine under four different engine
load-speed conditions. The results showed that advancing diesel injection timing increases the peak
pressure, thermal efficiency, and NOx emissions for all examined engine load-speed conditions.
Advancing diesel injection timing also significantly decreases the unburned methane and CO-
equivalent (GHG) emissions of the dual-fuel engine under low load-low speed and medium load-high
speed conditions. The concentration of OH and CHa revealed that the central part of the combustion
chamber is the main source of the unburned methane emissions under low load-low speed and
medium load-high speed conditions, and advancing diesel injection timing significantly improves the
combustion of natural gas-air mixture in this region. However, advancing diesel injection timing
slightly increases the unburned methane emissions trapped in the crevice volume. However, this
slight increase in the unburned methane emissions in the crevice volume is much lower than its

significant decrease in the central region of the combustion chamber. At medium to high load-low
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speed conditions, there is almost no unburned methane in the central part of the combustion chamber,
and the crevice region is considered as the main source of unburned methane emissions. As a result,
advancing diesel injection timing does not improve the combustion of natural gas-air mixture in the
central part of the combustion chamber but slightly increases the unburned methane trapped in the
crevice region. This is the main reason that advancing diesel injection timing slightly increases the
unburned methane emissions under medium to high load-low speed conditions. Overall, advancing
diesel injection timing significantly increases thermal efficiency and decreases the unburned methane
and GHG emissions under low load-low speed and medium load-high speed conditions. It improves
the thermal efficiency under medium to high load-low speed conditions, but comes at the expense of

increased methane and unchanged GHG emissions.

Nomenclature

AMR Adaptive Mesh Refinement GHG Greenhouse Gas

ASOC After Start of Combustion IMEP Indicated Mean Effective Pressure
ATDC After Top Dead Center IvC Intake Valve Closing

BMEP Break Mean Effective Pressure IVO Intake Valve Opening

CAD Crank Angle Degree ISCH4 Indicated Specific CH4

CFD Computational Fluid Dynamic ISNOy Indicated Specific NOy

Cco Carbon monoxide ISCO; Indicated Specific CO»

cov Coefficient of Variation LTC Low Temperature Combustion
DIT Diesel Injection Timing NOx Nitrogen Oxides

EGR Exhaust Gas Recirculation RPM Revolution per Minute

EVC Exhaust Valve Closing SOC Start of Combustion

EVO Exhaust Valve Opening TDC Top Dead Center

4.2 Introduction

Low temperature combustion (LTC) concept is recognized as a viable strategy to overcome the
challenge of simultaneously suppressing the nitrogen oxides (NOx) and soot emissions in
compression ignition diesel engines. The two key features of LTC strategies consist of low
combustion temperature and long ignition delay time [1]. Low temperature inhibits NOy formation
while a long ignition delay time promotes an enhanced mixing that reduces the propensity of soot
formation by avoiding locally fuel-rich zones, and consequently ultra-low level of NOx and soot
below the current emissions limits may be achieved. LTC strategies have been demonstrated to result

in high thermal efficiency through a combination of lean mixture, optimal combustion phasing near
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the top dead center (TDC), short combustion duration, and reduced heat transfer [2]. Recently, the
LTC strategies have been examined by blending two fuels with different reactivity, i.e., dual-fuel
combustion. Dual-fuel combustion uses direct injection of a high reactivity fuel to ignite a premixed
low reactivity fuel and air mixtures [3]. Diesel is usually used as the high reactivity fuel because of
its high cetane number. Natural gas is great candidate for the low reactivity fuel due to its high ignition
temperature. In the dual-fuel combustion, the ignition process is initiated in the high reactivity regions
where the liquid fuel is directly injected. Owing to the premixed charge of lower reactivity fuel-air
mixture, the combustion process is controllable, which sequentially progresses from the higher

reactivity to the lower reactivity regions.

Dual-fuel mode not only is a fuel flexible approach, but also has the potential to lead to high
efficiency clean combustion in compression ignition engines. In recent years, natural gas has drawn
substantial interest as a low reactivity fuel in dual-fuel combustion and some of the original versions
of diesel engine have been commercialized to operate as a dual-fuel engine based on premixed natural
gas [4-6]. Natural gas/diesel dual-fuel combustion tends to retain most positive features of
conventional diesel engines, and is capable of producing comparable power output and efficiency at
different engine loads [7]. Moreover, this strategy can be achieved via the installation of a low cost
port fuel injection system for the formation of a low reactivity mixture of air and fuel (e.g., natural
gas), while, the stock diesel fuel injection system can be retained in the dual-fuel mode. However,
the greatest challenge of natural gas/diesel dual-fuel engine is the high level of unburned methane
emissions which contribute to the GHG by about 25 times greater than CO2 over a 100 year period
[8]. Past research has shown that advancing diesel injection timing reduces the unburned methane
and CO emissions of natural gas/diesel dual-fuel engine under low-medium engine load conditions
[9-12]. It is shown that advancing diesel injection timing under low load-low speed and medium
load-high speed conditions significantly decreases the unburned methane and GHG emissions [13—

16]. However, according to the experimental data of the present study, advancing diesel injection
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timing under medium to high load-low speed conditions increases the unburned methane emissions
and does not change the GHG emissions. Finding the reasons behind this phenomenon is the main

objective of the present study.

Accordingly, four typical cases of drive cycle in heavy-duty diesel engine are selected to
investigate the effect of diesel injection timing on natural gas/diesel dual-fuel engine. Cases 1 and 2
represent the low load-low speed (Case 1, BMEP=4.05 bar, RPM=910) and medium load-high speed
(Case 2, BMEP=11.24 bar, RPM=1750) conditions, respectively. Advancing diesel injection timing
under these conditions significantly reduces the unburned methane and GHG emissions. Cases 3 and
4 represent the medium load-low speed (BMEP=12.15 bar, RPM=910) and high load-low speed
(BMEP=17.15 bar, RPM=1120) conditions, respectively. The opposite scenario manifests under
these cases where advancing diesel injection timing increases the unburned methane emissions. A
computational fluid dynamic (CFD) model based on CONVERGE 2.4 software is developed to
examine and hence understand the reasons behind the underlying phenomenon. Cylinder pressure,
engine out emissions, and OH and CHg distributions are all analyzed in order to investigate the effect
of diesel injection timing on natural gas/diesel dual-fuel engine under different engine load-speed

conditions.

4.3.Methodology

4.3.1. Experimental setup

The engine used in this investigation is a modified single-cylinder heavy-duty engine. Detailed
description of the experimental setup and methodology is reported elsewhere [17], and only a brief
summary is provided here. Specifications of the engine are provided in Table 4-1. Natural gas port
fuel injector was fed by a low-pressure line which included eight gas fuel injectors manufactured by
Alternative Fuel Systems Inc. The diesel, natural gas, and air flow rates were measured by means of

a TRICOR, a Bronkhorst, and a turbine mass flowmeters, respectively. Engine loading was
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accomplished by an eddy-current dynamometer. The engine speed and load were controlled by an
electronic control module and an AVL Digalog Testmate. The in-cylinder pressure was measured by
means of a water-cooled pressure transducer (Krister Corp.,) fitted inside the cylinder head and
acquired with a resolution of 0.2 crank angle degree. The averaged pressure signal for the calculation
of the indicated mean effective pressure (IMEP) and heat release rate (HRR) were averaged over 100
consecutive cycles using an AVL real-time combustion analysis system. The emitted smoke was
measured using a commercialized laser-induced incandescence system. The engine-out gaseous
emissions such as CHa, NOx, CO, and CO2 were measured using a California Analytical Instruments’

series 600 gas analyzers.

The experiments were conducted at four different engine load-speed conditions including low
load-low speed (BMEP=4.05 bar and 910 RPM), medium load-high speed (BMEP=11.24 bar and
1750 RPM), medium load-low speed (BMEP=12.15 bar and 910 RPM), and high load-low speed
(BMEP=17.6 bar and 1120 RPM). A diesel injection timing (DIT) test was conducted during the
investigation for each case. For all cases, the intake temperature was kept constant at 40 ‘C during
the experiments and no exhaust gas recirculation (EGR) was used in this study. Table 4-2 gives the

experimental test conditions.

Table 4-1. Test setup specifications

Engine type Single cylinder-CAT 3400
BorexStroke 137.2 mm x165.1 mm
Conn. rod length 261.62 mm
Displacement vol. 2.44 L

Compression ratio 16.25

Diesel fuel injector Common rail injector
Number of nozzle holexdiameter 6x0.23 mm
Maximum Speed 2100 rpm

Low idle speed 600 rpm

Rated power BMEP @1800 rpm 20.6 bar

IVO -358.3 °ATDC

IvVC -169.7 °ATDC

EVO 145.3 °’ATDC

EVC 348.3 °ATDC
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Table 4-2. Experimental test conditions
Casel,low  Case 2, medium  Case3, medium  Case 4, high

load-low load-high speed load-low speed load-low
speed speed
BMEP (bar) 4.05 11.24 12.15 17.60
Engine speed 910 1750 910 1120
(RPM)
Intake temperature 40 40 40 40
(°C)
Intake pressure 1.05 2.02 1.8 2.2
(bar)
%NG (energy 75 80 90 65
fraction)
Injection timing 10-30 (4 CA 26, 28, 29 10.5, 12, 14, 15 12, 13, 14, 15,
(°BTDC) step) 16
IP (bar) 525 525 525 800
dne ~0.32 ~0.4 ~0.6 ~0.45
brot ~0.43 ~0.48 ~0.66 ~0.73

4.3.2. Numerical model

The CFD solver CONVERGE 2.4 [18] was used in this study. Detailed description of the
numerical model is reported elsewhere [19] and thus only a brief summary is presented here.
CONVERGE has an integrated chemistry solver (SAGE model [18]), which performs the detailed
chemistry calculations in each computational cell. The chemical properties of diesel and natural gas
are represented by n-heptane and methane, respectively. The adopted mechanism includes 76 species

and 464 reactions [20].

Adaptive mesh refinement (AMR) is used to resolve flow and flame propagation in the engine
cylinder. The use of AMR with small enough cell sizes (0.25-0.5 mm) in the flame region adequately
resolves the turbulent flame front and the species gradients without the need of any sub-grid model
[21,22]. The largest grid size used in the simulation is 2 mm and the smallest is 0.25 mm, which
adequately resolves diesel spray and turbulent flame fronts. Since the diesel injector has six equally
spaced orifices, a sector mesh of 60° is used to model one spray plume with periodic boundaries from

intake valve closing (IVC) to exhaust valve opening (EVO).
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The atomization of the liquid fuel and subsequent droplets were simulated based on the Kelvin-
Helmholtz and Rayleigh-Taylor instability mechanisms without the use of a breakup length [23]. The
liquid phase was modeled as a single component with the thermodynamic properties of diesel fuel

obtained from the CONVERGE liquids property library (denoted as “DIESEL2”) [18].

4.3.3. Model validation

The numerical model was validated by comparing the calculated data with those measured using
the test engine. The measured and predicted cylinder pressure and HRR for four different cases are
compared in Figure 4-1. For each case, the results of two DITs are selected for comparison. More
validation can be found elsewhere [24]. It can be seen that, in general, for all examined cases, good
agreement between the model and experiments is observed for the start of combustion, peak pressure,
combustion duration, and shape of the heat release rate. However, the predicted peak pressure and
HRR do not perfectly match the measured data. This could be due to the fact that the measured data
is taken as the average of 100 cycles and there is a small cycle to cycle variation for each case.
However, the calculated data is only one cycle simulation based on the average inputs (e.g., air,
natural gas, and diesel mass flow rates) where no inputs variation is considered. This validation is a
demonstration that the present numerical simulation is capable of reproducing the experimental
results with a reasonable error. Therefore, the validated numerical model is used to investigate the

effect of diesel injection timing on dual-fuel engine under different engine load-speed conditions.
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Figure 4-1. Cylinder pressure and HRR of natural gas/diesel dual-fuel engine under different engine

load-speed conditions.

4.4.Result and discussions

Figure 4-2 show the effect of diesel injection timing on the peak pressure, indicated thermal
efficiency (ITE), and emissions (NOx and CHa4) of natural gas/diesel dual-fuel engine under the four
investigated engine load-speed conditions. The solid and dashed lines represent the experimental and

numerical results, respectively. It is well-known in the literature [10,25-27] that advancing diesel
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injection timing in the range of conventional diesel injection strategy (i.e., 10 to 30 °BTDC) leads to
an increase in peak pressure, thermal efficiency, and NOx emissions. These trends are also noticeable
in Figure 4-2a-c. Advancing diesel injection timing prolongs the ignition delay, and thus more
premixed natural gas-air and diesel mixture forms before the start of combustion (SOC). This shifts
the combustion phasing towards the TDC, increases the local cylinder gas temperature during the
combustion phasing, and improves the combustion efficiency. This consequently leads to increased
peak pressure, NOx emissions, and thermal efficiency. Moreover, it can be seen from Figure 4-2d that
advancing diesel injection timing significantly decreases the unburned methane emissions of natural
gas/diesel dual-fuel engine under low load-low speed (Case 1) and medium load-high speed (Case 2)
conditions. However, unburned methane emissions increase when advancing diesel injection timing
under medium load-low speed (Case 3) and high load-low speed (Case 4) conditions. In order to
understand the fundamental mechanism behind this behaviour, the OH and CHg distributions of Cases
1 and 3 are compared in Figure 4-3 to Figure 4-6, where the top-view contour plane is located at a
vertical distance of 10 mm from the nozzle tip and the side-view contours plane is cut from one of
the six injector’s orifices. Due to the similarity of Cases 1 and 2, and Cases 3 and 4, the contours of

Case 2 and Case 4 are not presented in this study.
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Figure 4-2. Effect of diesel injection timing on peak pressure, ITE, and emissions of natural gas/diesel
dual-fuel engine under different engine load-speed conditions.

Figure 4-3 depicts OH distribution of natural gas/diesel dual-fuel engine under low load-low speed
condition (Case 1) at two different diesel injection timings of 10 and 18 °BTDC. At low engine loads,
with very lean natural gas-air fuel mixtures, no consistent flame propagation takes place from the
ignition centres and the pilot fuel dominates the burning region [28]. As can be observed in this figure,
combustion is initiated near the wall of the piston bowl and then extends rapidly towards the center
of the combustion chamber (crank angle degree (CAD) =+3-8° after the start of combustion
(°ASOC)). However, the central region within the bowl is marked by a blue non-reactive zone where
almost no OH radical can be observed. It can be seen that the reaction zones extend from richer to
leaner regions and the combustion progresses within each jet only in the radial direction towards the
center of the cylinder. The absence of OH radical in the central region of the bowl is an indication
that very limited high temperature oxidation reactions take place in this zone (11-25 °ASOC).
Therefore, the combustion of natural gas in the central part of the charge is a significant challenge for
dual-fuel combustion strategy under the examined low load condition. However, by advancing diesel
injection timing, more premixed mixture (diesel and natural gas-air) forms before the onset of ignition

which improves the combustion process in the central region of the combustion chamber. The same
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scenario is also observed for medium load-high speed conditions (Case 2, contours not presented
here), under which the premixed equivalence ratio is closer to or even lower than the flammability
limit of natural gas/air mixture [28]. Therefore, premixed combustion of diesel fuel is followed by
diesel diffusion and flame propagation of natural gas. However, the engine speed is high (1750 RPM)
and there is no enough time for the flame to propagate and to burn all the premixed air-natural gas
mixture in the central region of the combustion chamber. Similar to Case 1, advancing diesel injection
timing significantly improves the combustion process in the central region of the combustion chamber

under medium load-high speed condition (Case 2).

Figure 4-4 shows CHya distribution of natural gas/diesel dual-fuel engine under low load-low speed
condition (Case 1) at two different diesel injection timings of 10 and 18 °BTDC. It can be observed
that, for both diesel injection timings, the central region within the bowl (marked by green arrow) is
the main source of unburned methane emissions (+10°ASOC). However, advancing diesel injection
timing significantly decreases the unburned methane emissions in this region (+25 °ASOC). At the
engine’s crank angle of CAD=+50 °ASOC, unburned methane is also spotted in the crevice region.
It can be seen that, when advancing diesel injection timing, the amount of unburned methane trapped
in the crevice volume slightly increases. This is due to the fact that advancing diesel injection timing
leads to a higher cylinder pressure during the combustion phasing (Figure 4-1a and Figure 4-1b)
which forces more premixed air-natural gas into the crevice region. However, this slight increase in
the unburned methane emissions in the crevice volume is still insignificant compared with its level
of decrease in the central region of combustion chamber. This is the reason that advancing diesel
injection timing significantly decreases the unburned methane emissions under low load-low speed
(Case 1) and medium low-high speed (Case 2, contours not presented) conditions, as shown in

Figure 4-2d.
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Figure 4-3. OH distribution of natural gas/diesel dual-fuel engine under low load-low speed
conditions (Case 1) and DITs of 10 and 18 °BTDC.
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Figure 4-4. Unburned methane distribution of natural gas/diesel dual-fuel engine under low load-low speed
conditions (Case 1) and DITs of 10 and 18 °BTDC.

Figure 4-5 presents OH distribution of natural gas/diesel dual-fuel engine under medium load-low
speed condition (Case 3) at two different diesel injection timings of 10.5 and 15 °BTDC. It can be
observed that, similar to Case 1, combustion is initiated near the piston wall. After the initiation of
chemical reaction near the point of impingement onto the bowl wall, combustion rapidly progresses
within each jet in both the azimuthal and radial directions (11 °ASOC). It can be observed that
multiple flames propagate simultaneously within the piston bowl along the spray axes, and
progressively consume the fresh charge. OH radical is observed throughout the entire piston bow! at
18 °ASOC. This behavior suggests that flame propagation could be the predominant combustion
mode under this engine condition. As shown in this figure, advancing diesel injection timing slightly
increases the OH intensity in the central region of the combustion chamber. As mentioned above,
even with a retarded injection timing (DIT=10 °BTDC), almost all of the premixed natural gas-air
mixture in the central region of the combustion chamber is burned, and that the combustion of natural
gas-air mixture does not significantly improve when advancing further the diesel injection timing to
15 °BTDC. However, advancing diesel injection timing advances the combustion phasing which
increases the peak pressure and thermal efficiency (shown in Figure 4-2). It is important to highlight
the fact that, for both diesel injection timings, shown in Figure 4-5, there still exist small blue non-

reactive zones in the crevice volume where limited high temperature oxidation reactions occur. These
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regions are the main source of unburned methane emissions under medium to high load-low speed

conditions, as shown in Figure 4-6. The results of case 4 are qualitatively similar to those of case 3.

Figure 4-6 shows CHjs distribution of natural gas/diesel dual-fuel engine under medium load-low
speed condition (Case 3) at two different diesel injection timings of 10.5 and 15 °BTDC. In contrast
to the observations presented in Figure 4-3, for these diesel injection timings, the reaction zones
propagate into the central region of the piston bowl, and progressively consume all of the fresh charge
such that almost no unburned CHya is detected throughout the entire combustion chamber at an engine
crank of +50 °ASOC. It can be seen that the crevice region is the main source of unburned methane
emissions under this condition. As shown in Figure 4-4 and at an engine crank angle of 100 °ASOC,
the maximum limit of CH4 mass fraction, which is rescaled to 10~°, clearly shows the CH4 emissions
distribution with advancing diesel injection timing. Similar to the results presented in Figure 4-4, the
unburned methane emissions trapped in the crevice region increase when advancing the diesel
injection timing. During compression and combustion, unburned charge is pushed into the crevice
region, and more premixed air-natural gas is be trapped in the crevice volume at higher peak pressure
(for advanced injection timing). The gases in the crevice volume begin to flow back into the cylinder
during the expansion stroke where the combustion temperature is not high enough to oxidize the
unburned gases. As shown in Figure 4-6, there is no major source of unburned methane emissions in
the combustion chamber and consequently all methane emissions result from the crevice regions.
This is the main reason that advancing diesel injection timing slightly increases the unburned methane

emissions under medium to high load-low speed conditions (Cases 3 and 4).
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Figure 4-5. OH distribution of natural gas/diesel dual-fuel engine under low load-low speed
conditions (Case 3) and DITs of 10 and 18 °BTDC.

DIT=10.5°BTDC DIT=15°BTDC
asoc| T gy |
s CAD=5.30314
CAD = 10.3151 i 3 CAD= 530314
No CH4 in the INo CH4 in the
combustion chamber Main source of C combustion chamber Main source of C
+25 : I
°ASOC 1f i
2 4 th
CAD = 25.3098 “r
CAD= 20.3202
CAD = 25.3098 CAD= 20.3202
+50
°ASOC
CAD =50.3058 CAD= 45.3224 CAD=45.3224
CAD = 50.3058

104



CH4 mass fraction

0e+000 2e-005 5e-005 7e-005 1e-004

+100
°’ASOC

(scale
change

)1
I

I

I

I

I

I

I

o

CAD=95.3016

CAD = 100.302

CH4 mass fraction

[ " o
0e+000 2e-007 5e-007 8e-007 1e-006
Figure 4-6. Unburned methane distribution of natural gas/diesel dual-fuel engine under medium load-low speed
conditions (Case 3) and DITs of 10.5 and 15 °BTDC.

Figure 4-7 depicts the effect of diesel injection timing on the overall greenhouse gas emissions,
ISCO2-equivalent, of natural gas/diesel dual-fuel engine under different engine load-speed
conditions. The CO; equivalent is defined as the summation of CO> emissions and CHs emissions
multiplied by 25, which is the global warming potential of CH4 over 100 year period [29]. As shown
in Figure 4-7, advancing diesel injection timing significantly decreases the CO»-equivalent emissions
for Cases 1 and 2. This is mainly due to the significant reduction of unburned methane emissions
(Figure 4-2d, Cases 1 and 2) accompanied by an improvement in the thermal efficiency (Figure 4-2b,
Cases 1 and 2) while advancing diesel injection timing. However, advancing diesel injection timing
does not significantly improve COz-equivalent emissions under medium to high load-low speed
conditions (Cases 3 and 4). As shown in Figure 4-2b (Cases 3 and 4), although advancing diesel
injection timing improves the thermal efficiency which leads to a decrease in CO2 emissions, this
benefit is offset by a slight increase in methane emissions (Figure 4-2d, Cases 3 and 4) which results
in an almost constant trend of 1ISCO2-equivalent when advancing diesel injection timing under

medium to high load-low speed conditions (Cases 3 and 4).
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Figure 4-7. Effect of diesel injection timing on GHG emissions (CO- equivalent) of natural gas/diesel
dual-fuel engine under different engine load-speed conditions.

4.5.Conclusions

The effect of diesel injection timing on the combustion performance and emissions of natural
gas/diesel dual-fuel engine under four different engine load-speed conditions (BMEP=4.05 bar and
910 RPM, BMEP=11.24 bar and 1750 RPM, BMEP=12.15 and 910 RPM, and BMEP=17.6 bar and
1150 RPM) is experimentally and numerically investigated. The main findings can be summarized

as follows:

= Advancing diesel injection timing within the range of conventional diesel increases the peak
pressure, thermal efficiency, and NOx emissions for all examined engine load-speed
conditions. Moreover, advancing the diesel injection timing significantly decreases the
unburned methane and COz-equivalent emissions of natural gas/diesel dual-fuel engine under
low load-low speed and medium load-high speed conditions. However, unburned methane
emissions increase while COz-equivalent emissions do not significantly change when
advancing diesel injection timing under medium to high load-low speed conditions.

= The central region of the combustion chamber is the main source of unburned methane

emissions under low load-low speed and medium load-high speed conditions. Advancing
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diesel injection timing significantly improves the combustion of natural gas-air mixture in
this region. However, advancing diesel injection timing slightly increases the unburned
methane trapped in the crevice volume. This slight increase in the unburned methane in the
crevice volume is much lower compared to the significant decrease of the unburned methane
in the central region of combustion chamber. This is the reason that advancing diesel injection
timing significantly decreases the unburned methane emissions under low load-low speed and
medium load-high speed conditions.

= At medium to high load-low speed conditions, almost all of the premixed natural gas-air
mixture in the central region of the combustion chamber burns even with a retarded injection
timing (e.g., DIT=10.5 °BTDC). Further advancing diesel injection timing does not improve
the combustion of natural gas-air mixture in this region. However, the unburned methane
trapped in the crevice region, which is considered as the main source of CH4 emissions,
slightly increases when advancing the diesel injection timing. This is why advancing diesel
injection timing slightly increases the unburned methane emissions under medium to high

load-low speed conditions.

Overall, advancing diesel injection timing within the range of conventional diesel increases the
thermal efficiency and decreases the unburned methane and GHG emissions under low load-low
speed and medium load-high speed conditions. It also improves the thermal efficiency under medium
to high load-low speed conditions, but this benefit comes at the expense of increased methane

emissions.
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Chapter 5: On greenhouse gas emissions and thermal efficiency of
natural gas/diesel dual-fuel engine at low load conditions: Coupled

effect of injector rail pressure and split injection

5.1.Abstract

Natural gas/diesel dual-fuel (NDDF) engine has lower thermal efficiency and produces higher
greenhouse gas (GHG) emissions than its counterpart diesel engine at low load conditions when
conventional diesel combustion strategy is used. This is due to the higher methane emissions. The
present paper experimentally and numerically investigates the coupling of two strategies; namely
increasing diesel injector rail pressure and splitting diesel injection, in order to overcome this
drawback of NDDF engine at low engine load conditions. The results revealed that, compared to
NDDF engine with a single injection, using diesel fuel split injection strategy significantly decreases
pressure rise rate (PPR), especially at higher split ratios. Increasing the injection rail pressure
advances the combustion phasing of both diesel and NDDF engines with a single injection. Increasing
the injection rail pressure is also found to advance the combustion phasing of NDDF engine with split
injection at split ratios of 45, 50, and 55%; while it retards the combustion phasing under split ratios
of 60 and 65%. Increasing the injection rail pressure decreases thermal efficiency of NDDF engine
with split injection as a result of overly advanced combustion phasing. However, a higher thermal
efficiency (37.2%), than that of diesel and NDDF engines with a single injection, can be achieved
under optimized combustion phasing. Increasing the injection rail pressure significantly reduces the
unburned methane emissions of NDDF engine with split injection, especially at lower split ratios.

However, increasing the injection rail pressure does not affect the unburned methane emissions under
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a split ratio of 65%. This is due to the fact that a larger portion of diesel fuel impinges onto the
cylinder wall surface. The optimum methane emissions of NDDF engine with split injection is
reduced by 50% compared to the best condition of NDDF engine with a single injection. Moreover,
the indicated specific carbon dioxide (ISCO2) equivalent emissions of NDDF engine with split
injection are reduced by 11% compared to those of NDDF engine with a single injection and diesel
engines. Increasing the injection rail pressure significantly decreases soot emissions of NDDF engine
when using split injection strategy. Moreover, using split injection can significantly reduce nitrogen
oxide (NOx) emissions even at high injection rail pressure. All in all, thermal efficiency and GHG
emissions can be further improved using NDDF engine when simultaneously varying diesel fuel
injection split ratio and rail pressure increase. This strategy is also found to help reducing PRR and,

NOx and soot emissions.

Nomenclature

AMR Adaptive Mesh Refinement HRR Heat Release Rate

ATDC After Top Dead Center IMEP Indicated Mean Effective Pressure
ASOC After Start of Combustion ISCH4 Indicated Specific CH4
ASODI After Start of Diesel Injection 1ISCO2 Indicated Specific CO2
BMEP Break Mean Effective Pressure ISNOy Indicated Specific NOx
CA50 Crank Angle of 50% Cumulative Heat Release ITE Indicated Thermal Efficiency
CAD Crank Angle Degree IvVC Intake Valve Closing

CFD Computational Fluid Dynamic IVO Intake Valve Opening

Cl Compression Ignition NDDF Natural gas/Diesel Dual-Fuel
CoO Carbon Monoxide NOx Nitrogen Oxide

CO2 Carbon Dioxide PM Particulate Matter

cov Coefficient of Variation PRR Pressure Rise Rate

EGR Exhaust Gas Recirculation RNG Re-Normalization Group
EPA Environmental Protection Agency RPM Revolution Per Minute

EVC Exhaust Valve Closing SODI Start of Diesel Injection
EVO Exhaust Valve Opening SMD Sauter Mean Diameter

GHG Greenhouse Gas

5.2.Introduction

Environmental pollution and energy scarcity fuelled further motivations to put more focus towards
alternative clean fuels for internal combustion engines. Compression ignition (Cl) diesel engine has
been favoured due to its higher fuel efficiency and lower carbon dioxide (CO2) emissions compared
to spark ignition engine. However, soot and NOy emissions have been a challenge for diesel fueled

Cl engines due to the nature of heterogeneous and high temperature combustion. Moreover, there is
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a serious concern over the extent of GHG emissions produced from the combustion of diesel fuel [1].
For instance, the U.S. Environmental Protection Agency (EPA) has regulated GHG emissions and
fuel efficiency standards for light-duty vehicles by 2018, and heavy-duty vehicles by 2025 [2].
Substituting diesel fuel by natural gas is a good approach to resolve environmental issues of diesel
engines, since natural gas is a low carbon fuel which produces less soot and CO> emissions compared
to diesel fuel. Using natural gas in dual-fuel CI engines has drawn more and more research interest
in recent years [3-5]. In a typical NDDF engine, natural gas is introduced into the intake manifold,
and a small quantity of diesel fuel is directly injected into the cylinder to ignite the natural gas-air
mixture. A conventional diesel engine can be easily converted to a NDDF engine, which reduces the
engine development cost and allows the engine to switch back to full diesel combustion when needed
[6]. However, using natural gas in CI diesel engine causes lower thermal efficiency and higher
unburned methane and carbon monoxide (CO) emissions compared to diesel engine at low load
conditions [7]. This drawback can significantly offset the advantage of lower CO2 emissions of
natural gas combustion in terms of the overall GHG emissions, since methane has a global warming
potential that is about 20 ~ 34 times greater than that of CO> over a 100 year period [8]. A variety of
strategies have been investigated in order to improve the performance of NDDF engines [9-12]. For
instance, Guo et al. [11] found that advancing SODI in the range of conventional diesel injection
timing reduces the unburned methane and GHG emissions and improves thermal efficiency of NDDF
engine under a low load condition. They found that advancing SODI lengthens the ignition delay,
which allows more natural gas to be mixed with diesel during the premixed combustion phase. This
helps more premixed natural gas to be burned during the combustion process, which results in
significantly reduced methane and GHG emissions and improved thermal efficiency. Ryu et al. [10]
studied the effect of diesel injection rail pressure on natural gas/biodiesel dual-fuel engine at a low
load condition. They demonstrated that increasing the injection rail pressure significantly improves

the thermal efficiency and unburned hydrocarbon and CO emissions. They stated that this is mainly
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due to the improved pilot fuel atomization and decreased ignition delay. Therefore, both advanced
SODI and increased injection rail pressure promote a better mixing between diesel fuel and premixed
natural gas. However, advancing SODI (in the range of conventional diesel injection timing, i.e., -10
to -30 °ATDC) and/or increasing the injection rail pressure usually causes high pressure rise rate

(PRR) and increased NOx emissions [9-14].

In addition to studies on diesel injection timing and injection rail pressure, several studies have
examined the effect of diesel split injection on NDDF engine [15-21]. Aksu et al. [16] examined the
effect of the start of the second diesel injection timing (SODI2) on combustion and emissions of
NDDF engine. They revealed that diesel split injection significantly improves the indicted mean
effective pressure (IMEP) and thermal efficiency. They noted that combustion progresses earlier
when the first part of the injected diesel auto-ignites during the second injection. Xu et al. [17] studied
the effect of the start of the first diesel injection timing (SODI1) on the combustion and emissions of
NDDF engine under low load conditions. They indicated that using very advanced SOD1 could
decrease combustion intensity and NOx and unburned hydrocarbon emissions as well as improve
thermal efficiency. Guo et al. [20] investigated the effect of diesel injection split ratio and timings
(SODI1 and SODI2) on natural gas/diesel dual-fuel engine at low load conditions. They found that

split injection improves the thermal efficiency and methane and equivalent CO2 emissions.

The briefly reviewed literature above revealed that advancing SODI (in the range of conventional
injection timing) and/or increasing diesel injection rail pressure improves thermal efficiency and
unburned methane emissions of NDDF engine (with a single injection) at low load conditions. The
drawback of this strategy is the resultant high PRR and NOx emissions. On the other hand, using
diesel split injection helps reducing both PRR and NOx emissions and can also improve thermal
efficiency and unburned methane emissions. However, the outcome of an investigation of the coupled
effect of both strategies, diesel split injection and diesel injection rail pressure, on the combustion of

NDDF engine is still unknown. This is the focus of the present study. In the present study, the effect
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of increasing injection rail pressure on combustion performance and emissions of both NDDF and
diesel engines with single injection is studied first to develop baseline data. . The coupled effect of
diesel split injection and injection rail pressure increase is then experimentally investigated, which is
the focus of this paper. In addition to the experimental study, a computational fluid dynamic (CFD)

model is used to further explain experimental results.

5.3.Experimental setup and test methodology

5.3.1. Engine test cell

A modified single cylinder heavy-duty engine was employed to carry out the experiments. A
schematic of the experimental test setup is shown in Figure 5-1 and the engine specifications are
listed in Table 5-1. The diesel fuel used in the study was a Canadian ultra-low-sulfur diesel fuel, and
the natural gas was supplied by Enbridge Inc. Natural gas was injected by a injector block which
consist of eight gas fuel injectors manufactured by Alternative Fuel Systems Inc. Natural gas and
diesel injection parameters (start and width of injection pulse) were controlled by a LabVIEW-based
software (Drivven Inc.). The diesel and natural gas fuel measurements were realized by means of two
Bronkhorst mass flowmeters. A turbine mass flowmeter was used to measure air flow rate. Engine
loading was carried out by an eddy-current dynamometer. Engine speed was sensed by a Hall-effect

transducer. More details can be found in [22].

The in-cylinder pressure was measured by means of a water-cooled pressure transducer (Krister
Corp.,), which sampled over 100 cycles at intervals of 0.2 crank angle degree (CAD) using an AVL
real-time combustion analysis system. Soot emissions were measured by an AVL smoke meter [22].
California Analytical Instruments gas analyzers was used to measure engine-out emissions such as

CHag4, NOX, CO, and CO:x.
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5.3.2. Test conditions and procedure

Tests were conducted at a constant engine load-speed condition (BMEP=4.05 bar, RPM=910)
using both diesel-only and NDDF mode under steady state. The tested condition was a representative
of low speed and low load conditions of a real heavy-duty diesel engine. The intake manifold pressure
and temperature were kept constant at 105 kPa and 40 °C, respectively. Exhaust gas recirculation
(EGR) was not used in the experiments. The natural gas energy fraction in dual-fuel mode, which is

defined as the energy fraction coming from natural gas, was kept constant at 70%.

A maximum PRR of 13 bar/CAD and a coefficient of variation of IMEP (COVvep) of 5% were
considered as the engine operating limits during the test. Four sets of experiment were conducted in
this study as shown in Table 5-2. The goal of this test matrix was to test the possibility to decrease
PRR, NOx, CH4, and GHG emissions and increase thermal efficiency of NDDF engine mode with
respect to diesel engine using the combination of increasing diesel injection rail pressure and splitting
diesel injection. For diesel combustion mode, only single injection strategy was examined, while both
single and split (double) injection strategies were tested for NDDF combustion mode. For diesel
combustion mode, different starts of diesel injection (SODI) were examined. At each SODI, three
different injection rail pressures (P-rail) were tested (Test 1). The same procedure was adopted for
NDDF mode with single injection strategy (Test 2). Due to the high PRR, the start of diesel injection
timing was limited to conventional diesel injection regime (i.e., not earlier than -32 °ATDC) in NDDF
mode with single injection. Test 3 was carried out to optimize split ratio under three different injection
rail pressures and fixed SODI1 and SODI2 (optimized points). Test 4 was performed to optimize
CAS50 (by retarding SODI2) while keeping thermal efficiency at high level with a constant injection
rail pressure of 800 bar and split ratio of 55% (best point of Test 3). The split ratio is the mass of

diesel fuel injected in the first pulse divided by the total mass of the injected diesel fuel.
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Figure 5-1. Schematic of the experimental setup

Table 5-1. Engine specifications.

Engine type Single cylinder-caterpillar
3400
BorexStroke 137.2 mm x165.1 mm
Conn. rod length 261.62 mm
Displacement vol. 2.44 L
Compression ratio 16.25
Diesel fuel injector Common rail injector
Natural gas injection timing -355 °’ATDC
Inlet valve opening (IVO) -358.3 °ATDC
Inlet valve closing (IVC) -169.7 °ATDC
Exhaust valve opening (EVO) 145.3 °ATDC
Exhaust valve closing (EVC) 348.3 °ATDC
Table 5-2. Test matrix.
Test Combustion Injection P- SODI or SODI2 Split
No. mode strategy rail(bar) SODI1 (ATDC) ratio
(ATDC) (%)
1 Diesel Single 525 -14 to -26
650 -14 to -22 - -
800 -14 10 -18
2 Dual-fuel Single 525 -16 to -32
650 -14 to -28 - -
800 -14 to -22
3 Dual-fuel 525 -54 -24 45 to 65
650 -54 -24 45 to 65
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Split- 800 -54 -24 4510 65

optimized
split ratio
4 Dual-fuel Split- 800 -54 -24 to - 55
optimized 16
CA50

5.4.Numerical simulation setup

A computational CFD model based on CONVERGE 2.4 [23] was employed to simulate the
physical and chemical processes (e.g., turbulent flow, spray, combustion, heat transfer, and emissions
formation) in the engine cylinder. The details of the developed CFD model can be found in [7,8] and
a brief description is presented here. In order to implement the chemistry calculation, a transient
chemistry solver, named as SAGE [23], was used in the simulation. The chemical reactions of diesel
fuel were represented by n-heptane, whereas natural gas oxidation was represented by methane. It
was assumed that the methane and air mixture is homogeneous at the start of the simulation
immediately after the intake valve closing (IVC). The merged natural gas/diesel mechanism consisted
of 76 species and 464 reactions [24]. Adaptive mesh refinement (AMR) was used to resolve flow and
flame propagation in the cylinder. AMR provides adequate resolution of temperature and velocity
fields only when and where a fine mesh is needed. Moreover, using AMR with fine enough cell sizes
(0.25-0.5 mm) in the flame region adequately resolves the turbulent flame front and the species
gradients without the need of any sub-grid model [23]. Renormalization Group (RNG) k-¢ turbulence
model was used to simulate the turbulent flow within the combustion chamber. The Kelvin-
Helmholtz/Rayleigh-Taylor breakup model was employed to simulate the spray atomization and

breakup.

5.5.Results and discussion

A comparison of the combustion performance and emissions of diesel and NDDF engines with

single injection is made with NDDF engine with split injection strategy. Numerical simulation results
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(i.e., diesel spray and OH radical distribution) are also presented for some cases to gain insight into
the combustion process. The developed CFD model was validated under different engine load-speed

conditions as reported elsewhere [7,8]; however, further validation cases are presented in this paper.

5.5.1. Combustion characteristics

Figure 5-2 shows the experimental results of the effect of injection rail pressure on PRR of diesel
and NDDF engines with single injection (Figure 5-2a and Figure 5-2b, respectively) and NDDF
engine with split injection (Figure 5-2c¢) under a low load-low speed condition. It is noteworthy to
mention that based on COz equivalent emissions, as presented later on, the SODI1=-54 °ATDC and
SODI2=-24 °ATDC are found to be the optimized diesel injection timings at P-rail=525 bar and split
ratio of 60%. Therefore, these diesel split injection timings were chosen to study the effects of
injection rail pressure under different split ratios when using split injection strategy. As shown in
Figure 5-2a and Figure 5-2b, PRR quickly increases with increasing the injection rail pressure for
both diesel and NDDF engines with single injection. Increasing the injection rail pressure makes the
examined range of SODI narrower due to increased PPR. For example, in diesel engine at P-rail=525
bar, the most advanced SODI is -26 °ATDC. However, the most advanced SODI of -18 °ATDC is
achieved under injection rail pressure of 800 bar (Figure 5-2a). It can be seen, from Figure 5-2b, that
NDDF engine with a single injection exhibits lower PRR compared to diesel engine under the same
engine load-speed condition. This is the main reason why a wider range of SODI is examined for
NDDF engine with a single injection compared to diesel engine. Figure 5-2c shows the experimental
results of the effect injection rail pressure at different split ratios. It can be seen that similar to a single
injection, increasing the injection rail pressure increases the PRR of NDDF engine. However, diesel
split injection significantly decreases PPR of NDDF engine compared to single injection, especially
at higher split ratios. The maximum registered PRR is below the limit (13 bar/deg) for all examined

cases of NDDF engine with diesel split injection.
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Figure 5-2. Effect of the injection rail pressure on PRR of diesel and NDDF engines.

Figure 5-3 shows the experimental results of the effect of injection rail pressure on combustion
phasing (CA50) of diesel and NDDF engines with a single injection and NDDF engine with split
injection under a low load-low speed condition. As shown in this figure, increasing the injection rail

pressure advances the combustion phasing of both diesel and NDDF engines with single injection.
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Increasing the injection rail pressure leads to prolonged ignition delay and consequently more
premixed mixture (diesel/air or diesel/air-natural gas) is formed before the start of combustion which
results in the advancement of combustion phasing (Figure 5-3a and Figure 5-3b). However, as shown
in Figure 5-3c, increasing the injection rail pressure advances combustion phasing of NDDF engine
with split injection for split ratios of 45%, 50%, and 55%, but it slightly retards the combustion

phasing for split ratios of 60 and 65%.

To gain insight into the effect of injection rail pressure on the combustion process, a CFD
simulation was carried out for two different injection rail pressures of 525 and 800 bar. It is
noteworthy to mention that the effect of injection rail pressure on combustion phasing of both diesel
and NDDF engines with a single injection is almost similar and, therefore, the CFD result of diesel
combustion engine is not presented in this paper. Figure 5-4 displays the measured and predicted
cylinder pressure and HRR of NDDF engine with a single injection under a low load condition at
different injection rail pressures (constant SODI of -20 °ATDC). It can be observed that increasing
the injection rail pressure increases the cylinder peak pressure and HRR and also advances the start
of combustion. Figure 5-5 depicts OH radical distribution, spray penetration, and local equivalence
ratio contours of NDDF engine with a single injection under constant SODI and two injection rail
pressures of 525 and 800 bar. For both injection rail pressures, the combustion initiates near the piston
bowl and expands toward the center of cylinder. The OH intensity significantly increases and extends
more rapidly with increasing the injection rail pressure. The maximum spray penetration of P-
rail=525 bar is 36 mm, while the maximum spray penetration of P-rail=800 bar is 42 mm. Increasing
the injection rail pressure accelerates the break-up and atomization of droplets, more droplets with
smaller Sauter Mean Diameters (SMD) are generated, which consequently promotes liquid fuel
evaporation. This provides a longer time for fuel to spread in the cylinder where a more homogenous

mixture (diesel-air-natural gas) can be formed within a shorter period of time. It promotes a faster

122



CA50 [ATDC]

formation of a combustible mixture, advances the start of combustion, and increases the cylinder peak

pressure.
L  |-m-P-rail=525 bar 16 -®-P-rail=525 bar
-#-P-rail=650 bar 12! -A-P-rail=650 bar
10 -@-P-rail=800 bar -@-P-rail=800 bar
— BT A e
6 3 .
2 / <, ) o
“Q_, 0f ,’. 4 "‘
< ¥ P '1
2l A oe
2 O | & 3
-6 r -8 F /.' A’l'
-10 ' A . -12lr ' A . .
.28 24 -20 16 12 32 28 24 20 16 12

SODI [ATDC]

a) Diesel-single injection

10

8 -

CA50 [ATDC]

o N A~ O

SODI [ATDC]

-@-P-rail=800 bar (SODI1&2=-54&-24 ATDC)

#\P-rail=650 bar (SODI1&2=-54&-24 ATDC)

@ P-rail=800 bar (SODI1=-54, SODI2=retarding)

SODI2=-16 ATDC

\Retarding CA50

SODI2=-24 ATDC

55 60 65
Split ratio
c) NDDF-split injection

45 50 70

b) NDDF-single injection

-~ P-rail=525 bar (SODI1&2=-54&-24 ATDC)

Figure 5-3. Effect rail pressure on combustion phasing of diesel and NDDF engines.
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Figure 5-5. Effect of injection rail pressure on OH distribution, spray penetration, and equivalence ratio of NDDF
engine with single injection.

Figure 5-6a and Figure 5-6b depict the effect of injection rail pressure on cylinder pressure and
HRR of NDDF engine with split injection at two split ratios of 45% and 65%, respectively. As shown
in Figure 5-6a (split ratio of 45%), increasing the injection rail pressure advances the start of
combustion and increases the cylinder peak pressure. However, under split ratio of 65%, increasing
the injection rail pressure retards the start of combustion and slightly decreases the cylinder peak
pressure (Figure 5-6b). To explain the reason behind this, the spray penetration and OH distribution
contours are presented in Figure 5-7 and Figure 5-8, respectively. It can be observed from Figure 5-7a
and Figure 5-7b that increasing the injection rail pressure increases the evaporation rate and reduces
liquid parcels hiding in the squish region (first pulse of diesel). Moreover, it also enhances the
atomization and evaporation processes of the second pulse of diesel injection (similar to a single
injection shown above). These are beneficial for diesel-air-natural gas mixing process which shortens
the ignition delay and advances the combustion phasing. In addition, a high injection pressure can
increase the initial velocity and momentum of the droplets which results in that diesel fuel droplet
(first pulse of injected diesel) is pushed towards and dispersed into the cylinder wall and squish

regions where the lower temperature exists. The mixture temperature decreases as the diesel fuel
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approaches the cylinder wall, increasing the ignition delay and retarding the combustion phasing. For
a split ratio of 45%, less diesel fuel reaches the cylinder wall and squish regions during the first pulse.
Thus, the effect of increased injection rail pressure on atomization and evaporation process is more
significant which shortens the ignition delay and advances the combustion phasing (shown in
Figure 5-3c). With increasing the split ratio (e.g., split ratio of 65%), a larger amount of diesel fuel
locates in the region close to the low temperature wall surface. Thus, increasing the injection rail
pressure leads to a slower evaporation process during the first pulse of injected diesel. This lengthens

the ignition delay and retards the combustion phasing, as shown in Figure 5-3c.
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Figure 5-6 Effect of injection rail pressure on cylinder pressure and HRR of NDDF engine with split

injection at two split ratios of 45 and 65% (measured and predicted data).
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Figure 5-7. Effects of injection rail pressure on spray penetration of NDDF engine with split injection at two split

ratios of 45 and 65%.

Figure 5-8 shows OH radical distribution of NDDF engine with split ratios of 45 and 65% and
injection rail pressures of 525 and 800 bar. This figure shows that, for all cases, the combustion starts
after the second pulse of injected diesel. Moreover, the combustion starts from two zones; namely
piston bowl and piston squish regions. As shown in Figure 5-8a (a split ratio of 45%), increasing the
injection rail pressure significantly advances the start of combustion and increases the combustion
rate (frame contours of CAD=+10 °ATDC). However, increasing the injection rail pressure at a split
ratio of 65% slightly retards the start of combustion and decreases the combustion rate (Figure 5-8b).
As mentioned earlier, this is mainly due to the fact that a larger amount of diesel fuel impinges onto
the cylinder wall which results in a lengthened ignition delay and retarded combustion phasing. It can

be concluded that increasing the injection rail pressure under advanced SODI1 and high split ratio
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(i.e., 65%) may not significantly improve the combustion rate and unburned methane emissions (as

shown Figure 5-11b).
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Figure 5-8. Effects of injection rail pressure on OH radical distribution of NDD F engine with split injection at two
split ratios of 45 and 65%.
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Figure 5-9 shows the experimental results of the effect of injection rail pressure on thermal
efficiency of diesel and NDDF engines with a single injection and NDDF engine with split injection
under a low load-low speed condition. It can be seen that increasing the injection rail pressure do not
significantly affect thermal efficiency of diesel engine. Thermal efficiency starts slightly decreasing
after SODI=-18 °ATDC for injection rail pressures of 525 and 650 bar (Figure 5-9a). This is mainly
due to an overly advanced combustion phasing, as shown in Figure 5-3a. The diesel engine maximum
thermal efficiency of 36.6% is achieved at SODI=-14 °ATDC and P-rail=800 bar. Thermal efficiency
of NDDF engine with a single injection is much lower than that of diesel engine (Figure 5-9b) at
retarded injection timing and low injection rail pressure (e.g., SODI=-14 °ATDC and P-rail=525 bar).
However, increasing the injection rail pressure and/or advancing the SODI significantly improves
NDDF engine thermal efficiency. A maximum thermal efficiency of 36.7% is attained at SODI=-24
°ATDC and P-rail=525 bar, which is comparable to the highest ITE of diesel engine (i.e., ITE=36.6
%). Similarly thermal efficiency starts to decrease with further advancing SODI due to the overly
advanced combustion phasing. As shown in Figure 5-9c (experimental results), NDDF engine with
split injection and injection rail pressure of 800 bar has the lowest thermal efficiency compared to the
injection rail pressures of 650 and 525 bar. This is mainly due to the overly advanced combustion
phasing (Figure 5-3c). To find an optimum point (retarding the combustion phasing), the second
injection timing is slightly retarded from -24 to -16 °ATDC while the SODI1 and split ratio are fixed
at -54 °ATDC and 55%, respectively, when the rail pressure is 800 bar. The grey diamond symbols
in Figure 5-3c and Figure 5-9c show the variations of CA50 and ITE when SODI2 is retarded from -
24 10 -16 °ATDC at SODI1 = -54 °ATDC at split ratio of 55%, and P-rail of 800 bar. As shown in
Figure 5-9c, retarding SODI2 significantly increases thermal efficiency at P-rail of 800 bar. The
highest thermal efficiency of 37.2% is achieved at operating conditions of SODI1=-54 °ATDC,
SODI2=-16 °ATDC, P-rail=800 bar, and split ratio of 55%. This is the optimum condition of NDDF

engine with split injection. It can be seen that using split injection (optimum condition) increases
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thermal efficiency by about 1.34% and 1.88% compared to the highest ITE of NDDF and diesel

engines with a single injection, respectively.
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Figure 5-9. Effect of injection rail pressure on ITE of diesel and NDDF engines.
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5.5.2. Emissions

Many studies have reported that less CO2 emissions are produced during the combustion process
of NDDF engine compared to that of diesel. This is mainly due to the reduced carbon to hydrogen
ratio of natural gas [25-28]. However, unburned methane emissions can significantly offset its
greenhouse gas benefits if natural gas does not burn to completion. According to EPA’s GHG Phase
() regulation, the GHG impact of 25 is assigned to any tailpipe methane emissions when computing
the total CO> equivalent or GHG emissions from the engine [29]. Thus, in the present study, the factor
of 25 is considered for the calculation of GHG emissions. Figure 5-10 depicts the experimental results
of the effect of rail pressure on indicated specific CO. equivalent (ISCO2-equivalent) of diesel and
NDDF engines with a single injection and NDDF engine with split injection. As shown in
Figure 5-10a, advancing SODI and/or increasing the injection rail pressure does not significantly
affect the ISCO-equivalent emissions of diesel engine. The lowest ISCO2-equivalent emissions of
719 g/kW-hr is achieved at SODI=-14 °ATDC and P-rail=800 bar. It is obvious that under advanced
injection timing, the 1ISCO2-equivalent emissions slightly increase for injection rail pressures of 525
and 650 bar, which is mainly due to the drop in thermal efficiency. As shown in Figure 5-10Db,
compared to diesel engine, NDDF engine with a single injection produces higher level of CO2
equivalent emissions at lower injection pressure and retarded injection timings under this engine load-
speed condition (e.g., GHG=1082 g/kW-hr at SODI=-16 ATDC and P-rail=525 bar). This is mainly
due to the high level of unburned methane emissions (Figure 5-11a). However, advancing SODI
and/or increasing the injection rail pressure significantly decreases the unburned methane and CO-
equivalent emissions. It can be seen, from Figure 5-10b, that the lowest CO2 equivalent emissions
achieved under this engine load-speed condition is 721 g/kW-hr, which is almost similar to that of

diesel engine (the lowest CO> equivalent emissions of 719 g/kW-hr).

Figure 5-11c shows that increasing the injection rail pressure significantly reduces the unburned

methane emissions of NDDF engine with split injection, especially at lower split ratios. On the other
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hand, increasing the injection rail pressure does not affect the unburned methane emissions under a

split injection ratio of 65%. The optimum methane emissions of NDDF engine with split injection is

reduced by 50% compared to the best condition of NDDF engine with a single injection. Moreover,

the lowest ISCO2 equivalent emissions (optimum point) of NDDF engine with split injection is 640

9/kW-hr (Figure 5-10c). The ISCO2 equivalent emissions of NDDF engine with split injection are

reduced by 11% compared to those of NDDF engine with a single injection (ISCO2 equ.min=721

9/kW-hr) and diesel engine (ISCO2 equ.min=719 g/kW-hr).
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Figure 5-10. Effect of injection rail pressure on ISCO2 equivalent emissions of diesel and NDDF engines.
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Figure 5-12 depicts the experimental results of the effect of rail pressure on soot and NOx

emissions of diesel and NDDF engines with a single injection and NDDF engine with split injection.

133



It can be seen that advancing SODI and/or increasing the injection rail pressure significantly
decreases soot emissions of diesel engine. For instance, advancing SODI from -14 to -26 °ATDC (at
P-rail=525 bar) decreases soot emissions by 96%. Increasing the injection rail pressure from 525 to
800 bar (at SODI=-14 °ATDC) decreases soot emissions by 91.6%. However, the decrease in soot
emissions is achieved at the expenses of increased NOyx emissions. It can be observed, from
Figure 5-12a, that either advancing SODI and/or increasing injection rail pressure significantly
increases NOy emissions. For example, advancing SODI from -14 to -26 °ATDC (P-rail=525 bar)
and increasing the injection pressure from 525 to 800 bar (SODI=-14 °ATDC) increase NOx
emissions by 67% and 44%, respectively. Similar trend is observed for NDDF engine with a single
injection. It can be seen that achieving low level of CO2 equivalent emissions comes at the expense
of an increased NOx emissions (Figure 5-10b and Figure 5-12b). It is noted that NDDF engine
produces much lower soot emissions compared to diesel engine, as shown in Figure 5-11b. However,
NDDF engine with a single injection can still meet the 2015 EPA particulate matter (PM) emissions
standard for heavy-duty diesel engines under this load-speed condition even at retarded injection

timings and low injection rail pressure.

Figure 5-12c display the experimental results of the effects of injection rail pressure on NOx and
soot emissions of NDDF engine with split injection at different split ratios under a low load condition.
It can be seen that increasing the injection rail pressure significantly decreases soot emissions of
NDDF engine using split injection strategy. Moreover, using split injection can significantly reduce
NOx emissions even at high injection rail pressure of 800 bar. The lowest NOx emissions (4.9 g/kW-
hr) occurs at the optimum operating condition (SODI1=-54 °’ATDC, SODI2=-16 °ATDC, split

ratio=55%, and P-rail=800 bar), which is comparable to the best point of diesel engine.
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Figure 5-12. Effects of injection rail pressure on NOx and soot emissions of diesel and NDDF engines.

From the above discussion it can be concluded that NDDF engine with the combination of split
injection and rail pressure increase can reduce GHG and soot emissions and improve thermal
efficiency compared to diesel engine. This is achieved with a lower pressure rise rate compared to

diesel engine but with similar NOx emissions.

5.6.Conclusions

An experimental investigations has been performed to investigate the combined effect of injection
rail pressure increase and diesel injection split on the combustion performance and GHG, unburned
methane, NOXx, and soot emissions of NDDF engine at low load-low speed conditions. The results of
NDDF engine when combining the effect of split injection and injector rail pressure increase were
compared with those of NDDF engine with a single injection and diesel engines at the same engine
load-speed condition. A CFD model was used to support the experimental results and shed light on
the combustion of diesel and NDDF (with single and split injection strategies) engines. The main

findings are summarized as follows.
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Compared to NDDF engine with a single injection, using diesel split injection strategy
significantly decreases PPR, especially at higher split ratios. Increasing the injection rail
pressure advances the combustion phasing of both diesel and NDDF engines with a single
injection. However, it advances the combustion phasing of NDDF engine with split injection
at split ratios of 45, 50, and 55% and retards the combustion phasing under split ratios of 60
and 65%. At lower split ratios, less diesel fuel reaches the cylinder wall and squish regions
during the first pulse. Thus, the effect of increased injection rail pressure on the atomization
and evaporation process is more significant which shortens the ignition delay and advances
the combustion phasing. At high split ratio (e.g., split ratio of 65%), a large portion of diesel
fuel is located in the region close to the cylinder’s low temperature wall surface. Thus
increasing the injection rail pressure leads to a slower evaporation process of the first pulse
of injected diesel, which lengthens the ignition delay and retards the combustion phasing.
Increasing the injection rail pressure does not significantly affect thermal efficiency of diesel
engine. The maximum thermal efficiency of 36.6% is achieved at SODI=-14 °’ATDC and P-
rail=800 bar. Increasing the injection rail pressure and/or advancing the SODI significantly
improves thermal efficiency of NDDF engine with a single injection. Increasing the injection
rail pressure decreases the thermal efficiency of NDDF engine with split injection. This is
mainly due to the overly advanced combustion phasing. However, when optimizing the
combustion phasing, a thermal efficiency of 37.2% is achieved at operating conditions of
SODI1=-54 °ATDC, SODI2=-16 °ATDC, P-rail=800 bar, and a split ratio of 55%, which is
higher than that of diesel and NDDF engines with a single injection.

Increasing the injection rail pressure significantly reduces the unburned methane emissions
of NDDF engine with split injection, especially at lower split ratios. However, increasing the
injection rail pressure does not affect the unburned methane emissions under a split ratio of

65%. This is due to the fact that a larger portion of diesel fuel impinges onto the cylinder wall
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surface which retards the combustion phasing and may not significantly improve the
combustion rate and unburned methane emissions. The optimum methane emissions of NDDF
engine with split injection is reduced by 50% compared to the best condition of NDDF engine
with a single injection. Moreover, the lowest ISCO2 equivalent emissions of NDDF engine
with split injection is 640 g/kW-hr. The ISCO2 equivalent emissions of NDDF engine with
split injection are reduced by 11% compared to those of NDDF engine with a single injection
and diesel engines.

Increasing the injection rail pressure significantly decreases soot emissions of NDDF engine
using split injection strategy. Moreover, using split injection can significantly reduce NOx
emissions even with a P-rail of 800 bar. The lowest NOx emissions (4.9 g/kW-hr) occurs at
the optimum operating condition (SODI1=-54 °ATDC, SODI2=-16 °ATDC, split ratio=55%,

and P-rail=800 bar), which is comparable to the best of diesel engine.

Overall, thermal efficiency and GHG emissions can be further improved using NDDF engine

when simultaneously varying diesel fuel injection split ratio and rail pressure increase. This strategy

is also found to help reducing PRR and, NOx and soot emissions.
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Chapter 6: Effect of swirl ratio on NG/diesel dual-fuel combustion at

low to high engine load conditions

6.1.Abstract

Recent regulation in pollutant and greenhouse gas (GHG) emissions has exerted great pressure on
diesel engine industries which generate significant amount of GHG and pollutants. The concept of
lean burn pilot ignited natural gas/diesel dual-fuel (NDDF) combustion is thought as one of the most
suitable engine platforms to meet the emissions and fuel economy regulations in short to medium
term. However, a major challenge is the slightly lower fuel efficiency and high level of methane
(CH4) and carbon monoxide (CO) emissions, especially under low to medium load conditions. This
paper numerically investigates the influence of swirl ratio on the combustion performance and
emissions of a NDDF engine under low to high load conditions. The results at a low load-low speed
condition and retarded injection timing of 14 crank angle degrees before top dead center (BTDC)
suggest that increasing swirl ratio from 0.5 to 1.5 significantly improves the fuel efficiency and CH4
and CO emissions. However, under the same engine load-speed condition but at advanced injection
timing of 30 crank angle degrees BTDC, increasing swirl ratio deteriorates the fuel efficiency and
CH4 and CO emissions. Under a medium load-high speed condition, swirl ratio significantly
improves the diffusion combustion and turbulent flame propagation of natural gas. The distribution
of OH radical shows that OH propagates more rapidly in the azimuthal direction when increasing
swirl ratio from 0.5 to 1.5. Further increasing the swirl ratio causes the peak pressure to exceed the
limit (160 bar). At a high load-low speed condition, increasing the swirl ratio significantly improves
the diesel diffusion and flame propagation of natural gas, which leads to an increase in fuel efficiency.
Under this engine load-speed condition, the OH radical distribution shows that the combustion

progresses rapidly within each jet in both the azimuthal and radial directions. Considering fuel
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efficiency and emissions, a swirl ratio of 1.5 is found to be the best. Overall, it is concluded that swirl
motion may provide better mixture preparation, diesel diffusion, and natural gas flame propagation,

but this benefit may not persist under very high swirl ratio (swirl ratio>1.5) due to higher heat losses.

Abbreviations

AMR Adaptive Mesh Refinement IVC Intake Valve Closing

ATDC After Top Dead Center IVO Intake Valve Opening

BMEP Break Mean effective Pressure LTC Low Temperature Combustion

BTDC Before Top Dead Center NDDF Natural Gas/Diesel Dual-Fuel

CAD Crank Angle Degree NG Natural Gas

CFD Computational Fluid Dynamic NOx Nitrogen Oxides

co Carbon Monoxide NTC No Time Counter

DIT Diesel Injection Timing RANS Reynolds-Averaged Navier-Stokes

EGR Exhaust Gas Recirculation RCCI Reactivity = Controlled Compression
Ignition

EVC Exhaust Valve Closing RNG Re-Normalization Group

EVO Exhaust Valve Opening Rpm Revolution Per Minute

HCCI Homogeneous Charge Compression Ignition SOC Start of Combustion

HRR Heat Release Rate SR Swirl Ratio

IMEP Indicated Mean Effective Pressure TDC Top Dead Center

IFE Indicated Fuel Efficiency UHC Unburned Hydrocarbon

6.2.Introduction

Compression ignition is the most common combustion strategy in heavy-duty diesel engine market
due to its higher fuel efficiency. However, diesel engines are facing challenges meeting stringent
emission regulations while retaining their fuel efficiency benefit. NOx and soot emission limits
imposed by the emission regulations for diesel engines have become more and more stringent over
the years, which consequently fuelled further motivations to develop advanced combustion strategies
to achieve at the same time high efficiency and low emissions. The advanced low temperature
combustion (LTC) strategies offer attractive combustion and emission characteristics and have the
potential to meet the emissions and fuel economy regulations of the future. Two key features of the
LTC strategies are low combustion temperature and long ignition delay time [1]. The low combustion
temperature inhibits NOx formation and the long ignition delay provides sufficient time for air-fuel
mixing, reduces fuel-rich zones, and prevents soot formation. Moreover, the LTC strategies have
been shown to be well-suited for operation using alternative fuels (e.g. natural gas [2,3]).

Compression ignition LTC modes have been demonstrated to result in high fuel efficiencies through
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a combination of lean operation, optimal combustion phasing near top dead center (TDC), short
combustion duration, and reduced heat transfer [4]. LTC strategies can be governed by different
mechanisms depending on the timing of fuel injection event [5]. When the injection timing is early
in the cycle (or port fuel injection), ignition timing is kinetically controlled, which is often termed as
homogeneous charge compression ignition (HCCI) combustion. Practical operation of HCCI
combustion is still challenging due to the lack of control of the combustion phasing or duration. Dual-
fuel combustion can achieve control of the combustion phasing and duration by adjusting global fuel
reactivity and cylinder stratification of mixture reactivity using the differences in fuel’s physical and
chemical properties [4]. In dual-fuel combustion, a low reactivity fuel is premixed with the intake air
and a second fuel with higher reactivity (usually diesel) is directly injected. The charge distribution
of dual-fuel combustion is more heterogeneous than HCCI, as it consists of lean and rich regions at
the time of ignition. The combustion phasing and duration are controlled by the ratio of the two fuels
and injection strategy of the high reactivity fuel. Because of the higher ignition temperature, natural

gas is a great candidate serving as the low reactivity fuel in dual-fuel combustion.

The main constituent of natural gas, which is CH4, has lower carbon content and offers a
significant reduction of CO> emissions (if burnt completely) compared to diesel fuel. A 20 to 30%
CO2 emissions reduction is achievable, and this number can be further improved if natural gas comes
from a renewable source such as biogas [6], compared to diesel. Therefore, one of the major targets
for developing NDDF combustion is to minimize the injected pilot fuel quantity in order to reduce
diesel fuel dependency. In recent years, natural gas has drawn substantial interest as a low reactivity
fuel in dual-fuel combustion and some original engine manufacturers have commercialized dual-fuel
engine based on premixed natural gas [7]. NDDF combustion tends to retain most positive features
of conventional diesel engines [8]. In addition, NDDF mode has drawn much attention due to other
advantages. For instance, dual-fuel combustion can be achieved without major engine hardware

modifications, which not only reduces the engine development costs but also means that the engine
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can revert to fully diesel combustion once needed [9]. However, higher CH4 and CO emissions and
lower fuel efficiency (particularly at low engine loads) compared to fully diesel combustion strategy
are the main drawbacks of NDDF engines [10]. Many studies have been conducted to improve
efficiency and CH4 and CO emissions of NDDF combustion. Most of them have been focused on
advancing diesel injection timing (DIT) [11,12], applying hot exhaust gas recirculation (EGR) [13],
and increasing diesel injection pressure [14]. A much smaller subset was focused on the effect of
swirl ratio on NDDF combustion. For instance, Jha et al. [15] numerically investigated the effect of
different initial swirl ratios (0.05-1.5) on NDDF combustion under low engine load conditions
(BMEP= 3.3 bar and rpm=1500). They found that increasing swirl ratio from 0.05 to 1.2 decreased
the unburned hydrocarbon (UHC) and CO emissions by 60% and 50%, respectively. However, the
reductions in HC and CO emissions were accompanied by 26% increase in NOx emissions. Carlucci
et al. [16] examined the effect of three different intake ports including swirl, tumble, and swirl/tumble
on CH4/diesel dual-fuel combustion under low load (IMEP=4 bar and rpm=1500) and high load
(IMEP=8 bar and rpm=2000) conditions. They noted that the charge bulk flow induced by the swirl
intake port helped improve the charge mixing of the diesel spray and the propagation of the turbulent
flame fronts, and thus was capable of enhancing the oxidation of air-natural gas mixtures located
farther away from the pilot ignition nuclei, which resulted in lower unburned hydrocarbon emissions.
Similar to the study in [15], they also found that NOx emissions slightly increased when swirl intake

port was used.

Introducing swirl flow to the combustion chamber increases the burning rate and extends the
flammability limit. An appropriate strength of swirl improves the fuel efficiency and smoke emissions
due to increased rates of fuel-air mixing [17]. The disadvantages of swirl ratio include higher heat
loss, higher peak pressure (especially at high engine load conditions), and higher pressure rise rate
(PRR) which may lead to greater engine noise [18]. Although NOx emissions have been observed to

increase with increasing swirl, the increase in NOx emissions can be overcome by slightly retarding

146



the injection timing and adding EGR. The overall benefits of swirl flow may be achieved by an

optimum swirl intensity, depending on the engine operating conditions.

From the above discussion, a limited number of studies have attempted to examine the effect of
initial swirl ratio on NDDF combustion. However, to achieve an optimum swirl ratio, an extensive
study should be performed under different engine load-speed conditions. In the present study, a
computational optimization based on CONVERGE 2.4 software was conducted by considering the
combustion and emissions under three engine load/speed conditions, a low load-low speed
(BMEP=4.05 bar and rpm=910), a high load-low speed (BMEP=17.6 bar and rpm=1120), and a
medium load-high speed (BMEP=11.24 bar and rpm=1750) in order to identify an optimal swirl ratio.
In addition to the pressure, heat release rate (HRR) and engine out emissions, the heat losses, OH
radical distribution, and charge temperature were all analyzed to investigate how significant the

impact of swirl on mixing, combustion process, and heat losses at each operating condition.

6.3.Experimental setup

6.3.1. Testengine

Tests were conducted using a modified single-cylinder engine. A detailed description of the
experimental setup and methodology is reported elsewhere [19], and thus only a brief summary is
provided here. Geometric specifications for the engine are given in Table 6-1, and a schematic

diagram of the test setup is shown in Figure 6-1.

The experiments were conducted at three different engine load-speed conditions including a low
load-low speed (BMEP=4.05 bar and 910 rpm) condition, a medium load-high speed (BMEP=11.24
bar and 1750 rpm) condition, and a high load-low speed (BMEP=17.6 bar and 1120 rpm). For all
three conditions, the intake temperature was kept constant at 40 "C during the experiments. The diesel

injector rail pressure (IP) was 525 bar for the low load-low speed and medium load-high speed
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conditions, and 800 bar for the high load-low speed condition. EGR was not used in this study. To
avoid the risk of engine damage, the maximum allowable peak pressure and pressure rise rate were
kept below 160 bar and 13 bar/CAD, respectively, during all experiments. Table 6-2 summarizes the
experimental conditions for all the examined cases. These selected operating conditions will be used
to examine the effect of swirl ratio on dual-fuel combustion presented in section 6.5. Cases 1 and 2
are the typical low load-low speed conditions. Two diesel injection timings of 14 and 30 °BTDC were
investigated at this condition. The reason for investigating advanced injection timing of 30 °BTDC
is that the ignition delay is long and increasing the swirl ratio may not significantly improve the
diesel-air-natural gas mixing process. Case 3 shows the medium load-high speed condition with an
injection timing of 29 °BTDC. Further advancing the injection timing beyond this point causes the
peak pressure to exceed the limit (160 bar) under this condition. Moreover, the engine speed is high
compared to cases 1 and 2, which means that there is a shorter time for diesel-air-natural gas mixing
process. Case 4 presents the high load-low speed condition with an injection timing of 11.4 °BTDC.
This is the most advanced injection timing under this condition and further advancing the injection

timing beyond this point results in a high peak pressure (>160 bar).

Table 6-1. Engine specifications

Engine type Caterpillar heavy duty engine
BorexStroke 137.2 mm x165.1 mm
Conn. rod length 261.62 mm
Compression ratio 16.25

Diesel fuel injector Common rail injector
Nozzle holexdiameter 6x0.23 mm

Natural gas injection timing -355 °’ATDC

IVO -358.3 °ATDC

IvVC -169.7 °ATDC

EVO 145.3 °ATDC

EVC 348.3 °ATDC
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Figure 6-1. Schematic diagram of the experimental setup [19].

Table 6-2. Experimental test conditions.

Case 1 Case 2 Case 3 Case 4
BMEP (bar) 4.05 4.05 11.24 17.6
Speed (rpm) 910 910 1750 1120
Intake temperature 40 40 40 40
(°C)
Intake pressure (bar) 1.05 1.05 2 2.19
%NG (energy 75 75 80 75
fraction)
DIT (°BTDC) 14 30 29 11.4
IP (bar) 525 525 525 800
NG (kg/hr) 1.39 1.23 6.05 5.26
Diesel (kg/hr) 0.49 0.455 1.6 1.93
Air (kg/hr) 67.21 66.70 273.73 186.36

6.4.Computational setup

6.4.1. Numerical model

The CFD solver CONVERGE 2.4 [20] was used in this study. Han and Reitz model was used to
calculate wall heat transfer [21]. The renormalization group (RNG) k-¢ turbulence model [22] was

used to model turbulence. In this investigation, the largest grid size used in the simulation is 2 mm
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and the smallest is 0. 25 mm, which adequately resolves diesel spray and turbulent flame front. Local
grid refinement (fixed embedding with the cell size of 0.25 mm) was applied for piston bowl, cylinder
head, cylinder wall, and the exit of the diesel jet into the combustion chamber to accurately resolve
velocity and temperature gradients (Figure 6-2). Since diesel injector has six equally spaced nozzle’s
orifices, 1/6 of the combustion chamber was modeled with periodic boundaries from intake valve
closing (IVC) to exhaust valve opening (EVO). The maximum cell in the simulation was 1.5 million
which occurred when spray embedding and AMR were in action during the diesel spray. Figure 6-2

show the different grid refinements by CONVERGE adaptive mesh refinement (AMR) tool at -4.69

and +15.3 °ATDC, respectively.

Figure 6-2. Different grid refinements by CONVERGE adaptive mesh refinement, on the left:
computational grid at -4.69 °’ATDC and on the right: computational grid at +15.3 °ATDC

6.4.2. Spray and combustion models

The atomization of the liquid fuel and subsequent droplets was simulated based on the Kelvin-
Helmholtz and Rayleigh-Taylor instability mechanisms without the use of a breakup length [23]. The

no time-counter (NTC) collision [24] was used for the collision of fuel droplets.

SAGE model [20] was used in this study which performs the detailed chemistry calculations on
each computational cell. The use of AMR with small enough cell sizes (0.25-0.5 mm) in the flame
region adequately resolves the turbulent flame front and the species gradients without the need of any
sub-grid model [25]. Performing detailed chemistry calculations on each mesh cell can be

computationally expensive. To accelerate the computations, an adaptive-zoning strategy was utilized
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[26]. In this strategy, cells having similar temperature and composition were grouped into zones, and

the chemistry calculations were conducted on zones rather than on individual cells.

The diesel fuel injection rate profile and duration strongly affect the velocity of injected parcels,
which has a significant effect on the rate of droplet break up and vaporization. In this study, diesel
injection profiles based on experimental measurements and regression analysis were used in the
simulation. Figure 6-3 displays the fuel injection map at different injection pressures. This figure
shows that the diesel fuel injection rate profiles, used in the simulation, are in perfect agreement with

the measurements.
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Figure 6-3. Diesel fuel injection map at two different conditions.
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The closed engine cycle simulation (from IVC to EVO) assumed homogeneous composition,
temperature, and pressure of the gas at IVC. Since the test engine is a heavy-duty engine, there is a
low swirl ratio at IVC which is estimated to be 0.5. The IVC temperatures for low load-low speed
(case 1 and 2), medium load-high speed (case 3), and high load-low speed (case 4) are 367 K, 380 K,
and 370 K, respectively. While the trapped mass was kept fixed, the IVC pressure used in the
simulations were slightly adjusted (5 kPa) in order to obtain closer agreement with the experimental

pressure during the compression stroke. The chemical properties of diesel and natural gas were
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represented by n-heptane and CH4, respectively. The adopted mechanism includes 76 species and
464 reactions [27]. It can be noted that n-heptane has higher cetane number compared to diesel fuel
which caused shorter ignition delay and more advanced start of combustion (SOC) during the
experiment. Hence, an appropriate value of injection delay was established by comparing the SOC of
CFD predictions to that of the experiments. In this investigation, an injection delay of 4.5 CAD was

used consistently for all other cases.

6.4.3. Model validation

The numerical model was validated by comparing the calculated data with those measured using
the test engine. The measured and predicted pressure and heat release rate (HRR) for four different
cases are compared in Figure 6-4. In both cases, HRR was determined based on the first law of
thermodynamics. It is noted that good agreement between the model and experimental results were
achieved for the start of combustion, pressure rise rate, peak pressure, combustion duration, and shape
of the heat release rate for all examined cases. Figure 6-5 compares the predicted and measured
emissions (CHas, NOy, and CO) and indicated fuel efficiency (IFE) results. It is observed that the
predicted CH4, NOy, and fuel efficiency are in good agreement with the measured data in both trend
and magnitude at all investigated conditions. Although CO emissions are significantly under-
predicted, its trend is in line with the experimental data. Similar results of CO emissions were
observed by Sameera et al. [25] who found that the predicted CO are closer to the experimentally
measured values considering the uncertainties in the amount of injected diesel and wall temperature
[25]. However, in the present study, the wall temperature was kept constant for all examined cases
(piston bowl=530 K, cylinder head=500 K, cylinder wall=430 K). Overall, the validation
demonstrates the capability of the present numerical simulation to reproduce the experimental
combustion and emissions with an acceptable error. Therefore, this validated numerical model is used

to investigate the effect of swirl ratio.

152



100 T T : 1000 100 —— — T v ——1000

BMEP=4.05 bar, DIT=14 BTDC . EXP BMEP=4.05 bar, DIT=30 BTDC . EXP
90 | 75% NG, 910 rpm —-=NUM 90 [[75% NG, 910 rpm —-=-NUM
80 800 1800
= =
§ 1600 P é 600 T
@ 2 o =
? = 3 3
g 400 @ la00 §
- = b = o
o o.
1200 1200
0 ;lkmo 0°" 0
280 300 320 340 360 380 400 420 440 280 300 320 340 360 380 400 420 440
CAD [deg] CAD I[deal
Case 1 (low load- Iow speed) Case 2 (low load-low speed)
200 1000 200 i . 1000
BMEP=11.24 bar, DIT=29 BTDC + EXP BMEP=17.6 bar, DIT=11.4 BTDC - EXP 1
180 {80% NG, 1750 rpm —--NUM 180 | 75% NG, 1120 rpm —-=NUM |
160 | 1800 160 1 1800
—140 | —140
« S = =
%120» 1600 & 8120/ 1600 _§'
3 100 = S0 g
2 80/ 400 £ 3 4o laoo &
n- A
60 ' 2 ool
40+ 1200 40 1200
20 \‘\ 20
0 : et e 0 0 P,
280 300 320 340 360 380 400 420 440 280 300 320 340 360 380 400 420 440
CAD Ideal CAD [deg]
Case 3 (medium load-high speed) Case 4 (high load-low speed)

Figure 6-4. Comparisons of measured and predicted pressure and HRR for cases 1-4.
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Figure 6-5. Comparison of measured and predicted emissions (CH4, NOx, and CO) and fuel
efficiency for cases 1-4

6.5.Results and discussion

6.5.1. Effect of swirl ratio on dual-fuel combustion

Usually the combustion process in dual-fuel engine takes place in three stages. The first stage is
the premixed combustion of the pilot diesel and a small portion of entrained natural gas fuel. The
second stage involves diffusion combustion of pilot diesel along with the initiation of flame
propagation of natural gas. The third stage involves diffusion combustion of the residual pilot diesel
and subsequent turbulent flame propagation (and sometimes auto-ignition) of natural gas [28]. These
three stages often occur under medium to high load conditions. However, at low engine loads, with
very lean natural gas-air fuel mixtures, the bulk of energy release comes from the ignition and
subsequent rapid combustion of pilot diesel and a small fraction of entrained natural gas-air mixture
where higher temperatures and relatively richer mixture regions prevail. Within the very lean
mixtures, no consistent flame propagation takes place from the ignition centres and pilot fuel

influences the burning region [28].

In the following sections, the impact of swirl ratio on the mixing and combustion processes of
NDDF engine under different load-speed conditions is investigated. Swirl ratio is defined as the
average angular velocity of the rotating flow normalized by the angular velocity of the engine

crankshaft.

6.5.1.1.Low load-low speed condition (BMEP=4.05 bar and 910 rpm)

Figure 6-6a shows the effect of different swirl ratios on the pressure and HRR of NDDF
combustion at low load-low speed condition (BMEP=4.05 bar and 910 rpm) under retarded diesel
injection timing of 14 °BTDC. It is noted that swirl ratio does not seem to significantly affect the

onset of ignition. However, increasing the swirl ratio enhances the mixing of premixed natural gas-
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air and diesel due to higher charge velocity which implies higher turbulence. This increases the heat
release rate during the early mixing controlled combustion stage. As a result, the pressure curves are
nearly identical from I\VVC to approximately +0.3 °ATDC. Beyond this time, however, the pressure
curves diverge, where higher swirl ratio generally induces higher pressure. The value of the peak
pressure is 57.5, 59.2, 61.3, 62.5, and 63 bar for swirl ratios of 0.5, 1.0, 1.5, 2.0, and 3.0, respectively.
Increasing the swirl ratio from 0.5 to 1.0 increases the peak pressure by 3%. However, the peak

pressure is only increased by 0.8% when the swirl ratio increases from 2.0 to 3.0.

The reason for the above observed variation in the heat release rate and peak pressure is due to the
effect of swirl ratio on the combustion process and heat loss. Increasing the swirl ratio enhances the
combustion efficiency due to a better mixing process of diesel and premixed natural gas-air mixture,
which tends to enhance the combustion rate and consequently increases the peak pressure. On the
other hand, due to the higher tangential charge velocity and displacement of high combustion
temperature region towards the piston, the total heat loss increases when increasing the swirl ratio,
which has a negative impact on combustion efficiency. As shown in Figure 6-6b, with increasing the
swirl ratio from 0.5 (base case) to 3.0, the total heat loss increases by 4.7%. The heat loss through the
piston and cylinder wall increases but that through the cylinder head decreases when increasing the
swirl ratio. Further details about this will be discussed later in Figure 6-8 and Figure 6-9. To better
understand the effect of swirl on the mixing process and heat loss, the OH radical distribution and the
cylinder temperature contours are presented in Figure 6-7 and Figure 6-8, respectively, where the
top-view contour plane is located at a vertical distance of 10 mm from the nozzle tip and the side-

view contours plane is cut from one of the six injector holes.
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Figure 6-6. Effect of the swirl ratio on the pressure, HRR, and heat loss of NDDF combustion
under low load-low speed conditions and DIT=14 °BTDC

Figure 6-7 presents the OH spatial distribution of dual-fuel combustion under the low load-low
speed condition for diesel injection timing of 14 °BTDC and three different values of the swirl ratio.
The top-view contours in Figure 6-7 indicate that the initial OH radical appears in the high reactivity
regions (downstream of diesel fuel jets) at about +0.3 °ATDC for all examined swirl ratios. The OH
radical intensity does not change significantly with increasing swirl ratio at CAD=+0.3 °ATDC.
However, at CAD=+3.3 °ATDC, a higher swirl ratio leads to a wider and more intense OH
distribution. For the swirl ratio of 0.5, OH radical does not progress farther toward the center of
combustion chamber and very limited high temperature oxidation reactions occur in this zone until
CAD= +6.3 and +10.3 °ATDC. The blue non-reactive zones tend to become narrower for the values
of the swirl ratio of 2.0 and 3.0 in the second stage of combustion. This behavior is also apparent with
HRR curves (Figure 6-6a) where the highest swirl ratio is associated with the largest heat release rate
during the diffusion combustion stage. At CAD=+10.3 °ATDC and a swirl ratio of 0.5, there is almost
no OH radicals in the central region within the piston bowl. The intensity of OH radical inside the
piston bowl becomes more significant with increasing the swirl ratio. Swirl effect remains important
during the final stage of combustion (CAD= +20.3 °ATDC), but the overall mass of the remaining
fuel becomes the dominant factor for determining the heat release rate. This can be clearly seen in

Figure 6-6a, where the heat release rate for a swirl ratio of 3.0 drops rapidly, and exhibits the lowest
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heat release rate for all examined swirl ratios. As shown in Figure 6-7, at CAD= +20.3 °ATDC and

the swirl ratio of 0.5, the high reactive zones reside far away from the piston bowl and close to squish

area (shown by black arrow). However, when increasing the swirl ratio, the high reactive zones shift

to the piston bowl. This can be observed in Figure 6-8 where the temperature distribution of dual-

fuel combustion is displayed under three different swirl ratios.
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Figure 6-7. OH* distribution of NDDF combustion at low load-low speed conditions for three
different swirl ratios and DIT=14 °BTDC.

On the other side, increasing the swirl ratio affects the heat losses. Based on Han and Reitz model
[21], which was used in this investigation, the wall heat transfer depends on the shear velocity, u,,

and fluid temperature near the wall T, as expressed by Equations 6-1 and 6-2.

Co(Tr =T,
Prmy
:{ Eq. (6-1)
pCpuTTan )
Tw/ v sy,
L2.1 g +25 ¥ 1S
. _puy Eq. (6-2)

y
1l

where u is the dynamic viscosity, Cp is the specific heat in constant pressure, Pr,, is the molecular
Prandtl number, p is the density, T,, is the wall temperature, and y is the effective distance between

the boundary cell center and the boundary itself.

Increasing the swirl ratio increases the shear velocity which increases the heat loss. However, the
temperature distribution near the combustion chamber walls may significantly change while
increasing the swirl ratio. To explain the effect of the swirl ratio on the heat loss (Figure 6-6b), the
temperature distribution contours at crank angles of +15.3 and +24.3 °ATDC are presented in
Figure 6-8. Moreover, the velocity field at crank angle of +24.3 °ATDC is displayed in Figure 6-9. It

is noted that increasing swirl ratio displaces the high temperature regions (combustion) towards the
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piston bowl. When the swirl ratio increases, a stronger centrifugal force causes the lower temperature
and higher density gases to move outward. It can be observed, from Figure 6-8, that at a swirl ratio
of 3.0, the high temperature gases remain in the middle of combustion chamber and away from the
cylinder head, while the lower temperature moves toward the cylinder head (shown by black arrow).
The combination of the higher near piston wall temperature and higher shear velocity caused an
increased heat loss through the piston. However, the effect of lower near-cylinder head temperature
is more significant than that of the higher shear velocity, which yields a reduced heat loss through the
cylinder head (Figure 6-6b). It is notable that the average fluid temperature near the cylinder wall
decreases slightly with increasing the swirl ratio. However, the higher shear velocity (Figure 6-9)
resulting from high swirl motion increases the heat loss. It seems that the effect of the latter is more
significant, which causes an increased heat loss from the cylinder wall when increasing the swirl
ratio. However, as depicted in Figure 6-6b, the total heat loss through the combustion chamber walls

increases when increasing the swirl ratio which negatively affects the combustion efficiency.
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Figure 6-8. Temperature distribution of NDDF combustion at low load-low speed conditions for three
different swirl ratios and DIT= 14 °BTDC.
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Figure 6-9. Velocity field of NDDF combustion at low load-low speed conditions for three different

swirl ratios and DIT=14 °BTDC

In order to reduce the CH4 and CO emissions in dual-fuel engine, numerous studies focused on
advanced diesel injection timings [11,14,29]. In the present study, the effect of the swirl ratio on dual-
fuel engine at low load-low speed condition (BMEP=4.05 bar and 910 rpm) and an advanced injection
timing of 30 °BTDC is also examined. Figure 6-10 displays the effect of different swirl ratios on the
pressure, HRR, and heat loss of NDDF combustion at the low load-low speed condition under the
advanced injection timings of 30 °BTDC. In contrast to the pressure shown in Figure 6-6a, it is
interesting to note that the peak pressure decreases with increasing the swirl ratio (Figure 6-10a). The
value of the peak pressure is 82.6, 82.3, 81.6, 80.6, and 80.3 bar for a swirl ratio of 0.5, 1.0, 1.5, 2.0,
and 3.0, respectively. Although increasing the swirl ratio enhances the premixed charge and diesel
fuel mixing, this improvement is insufficient to compensate for the increased heat loss. The OH
radical distribution in Figure 6-11 shows that increasing the swirl ratio slightly improves the mixing-
controlled and diffusion combustion as shown at the contours of +4.3 °ATDC where OH radical

intensity inside the piston bowl is almost similar for all examined swirl ratios. Under the advanced
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injection timing of 30 °BTDC, the premixed natural gas-air mixture and diesel fuel have enough time
to mix together before combustion. Thus, increasing the swirl motion does not significantly enhance
the mixing process. However, increasing the swirl ratio increases the heat loss (Figure 6-10b), which
results in lower combustion efficiency. It can be seen from Figure 6-10b that increasing the swirl
ratio from 0.5 to 3.0 increases the total heat loss by 15.8%. Similar to the results for DIT=14 °BTDC,
increasing the swirl ratio increases the piston and cylinder wall heat losses and decreases the cylinder

head heat loss.
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Figure 6-10. Effect of the swirl ratio on the pressure, HRR, and heat loss of NDDF combustion
under low load-low speed conditions and DIT=30 °BTDC
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Figure 6-11. OH* distribution of NDDF combustion at low load-low speed conditions for three
different swirl ratios and DIT=30 °BTDC.

Figure 6-12 displays the indicated fuel efficiency and emissions (CH4, CO, and NOx) of NDDF

engine at the low load-low speed condition of BMEP = 4.05 bar with different swirl ratios and two

diesel injection timings of 14 and 30 °BTDC. As mentioned above, increasing the swirl ratio has
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different effects on retarded (DIT=14 °BTDC) and advanced injection timings (DIT=°30 BTDC). As
shown in Figure 6-12a, under retarded injection timing, increasing the swirl ratio from 0.5 to 1.5
increases the fuel efficiency by 4.5% and decreases the CH4 and CO emissions by 20% and 27.6%,
respectively. NOx emissions slightly increase with increasing the swirl. However, further increasing
the swirl ratio (swirl ratio=3.0) deteriorates the fuel efficiency and increases the CH4 and CO
emissions. It can be seen that, for retarded injection timing (i.e., DIT=14 °BTDC), an optimum swirl
ratio (SR=1.5) exists for achieving the highest fuel efficiency. However, under advanced injection
timing of 30 °BTDC, increasing the swirl ratio monotonically decreases the fuel efficiency and
increases the CH4 and CO emissions (Figure 6-12b). As mentioned above, increasing the swirl ratio
slightly improves the premixed charge and diesel fuel mixing, which, in turn, enhances the
combustion efficiency. However, increasing the swirl ratio increases the heat loss, which affects
negatively the combustion efficiency. The combination of the two effects can be negative in some

cases leading to decreased fuel efficiency and increased CH4 and CO emissions.
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Figure 6-12. Effect of the swirl ratio on fuel efficiency and CHs, CO, and NOx emissions of NDDF combustion

under low load-low speed conditions and DITs=14 and 30 °BTDC.

6.5.1.2.Medium load-high speed condition (BMEP=11.24 bar and 1750 rpm)
Figure 6-13 shows the effect of different swirl ratios on the pressure, HRR, and heat loss of NDDF

combustion at a medium load-high speed condition (BMEP=11.24 bar and 1750 rpm) under an
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advanced injection timing of 29 °BTDC. Under this condition, the heat release rate profile
(Figure 6-13a) shows that premixed combustion of diesel fuel is followed by diesel diffusion and
flame propagation of natural gas for all examined swirl ratios. It can be observed that the peak
pressure significantly increases with increasing the swirl ratio even under advanced injection timing
of 29 °BTDC (case 3), which is different from what observed at low load-low speed condition and
injection timing of 30 °BTDC (case2). It is notable that because of the higher engine speed (1750
rpm), the natural gas-air-diesel mixing time (or ignition delay) of case 3 is much shorter than case 2.
The ignition delay under this condition is similar to the case with retarded injection timing and low
engine speed condition (e.g., case 1). As shown in Figure 6-13a, the value of the peak pressure is
132.6, 145, and 158.2 bar for the swirl ratios of 0.5, 1.0, and 1.5, respectively. Further increasing the
swirl ratio results in that the peak pressure exceeds the limit (160 bar). The heat release rate profile
also shows that increasing the swirl ratio significantly improves the diffusion combustion and
turbulent flame propagation of natural gas. Further details about this will be discussed later in
Figure 6-14. As shown in Figure 6-13b, similar to the results obtained under the low load condition,
the piston and cylinder wall heat losses increase and the cylinder head heat loss decreases when
increasing the swirl ratio. However, the total heat loss increases by 20.8% when increasing the swirl

ratio from 0.5 (base case) to 1.5.
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Figure 6-13. Effect of the swirl ratio on the pressure, HRR, and heat loss of NDDF combustion under
medium load-high speed conditions and DIT= 29 °BTDC.

Figure 6-14 shows OH radical distribution contours of NDDF engine under the medium load-high
speed condition at three different swirl ratios. It can be seen that OH radical initially appears around
the diesel spray that is away from the center of the cylinder and the distribution is similar for all swirl
ratios (CAD=-8.7 °ATDC). However, at the premixed combustion stage (CAD=-4.7 °ATDC), the
OH distribution becomes slightly wider at higher swirl ratios. This is mainly due to the enhancement
in the mixing of premixed natural gas/air mixture and diesel fuel. This is also observed in HRR profile
(Figure 6-13a) where the first peak of HRR for the swirl ratio of 1.5 is slightly higher than that for
the swirl ratio of 0.5. As diesel atomization and evaporation proceed, more premixed mixture is
formed which results in a growth of the ignition zones. At CAD=-0.7 °ATDC, the combustion starts
to progress within each jet in both the azimuthal (connecting one jet to the next) and the radial
directions. The OH radical propagates more strongly in the radial direction than in azimuthal direction
for the swirl ratio of 0.5 (base case). However, with increasing the swirl ratio to 1.5, the OH radical
propagates more rapidly in the azimuthal direction compared to the swirl ratio of 0.5 (CAD=+4.3
°ATDC). As shown in the contours of CAD=+10 °ATDC, for a swirl ratio of 0.5, there are still void
regions of OH radical in the region between the jets, the very central region of piston bowl, and the
squish area. These regions could be the main source of CH4 emissions. With increasing the swirl
ratio (SR=1.5), the piston bowl is nearly filled with high temperature reaction zone and a very small

blue non-reactive zone located in the piston squish area.

Figure 6-15 depicts the fuel efficiency and emissions (CHs, CO, and NOx) of NDDF engine at
medium load-high speed conditions with different swirl ratios. As shown in this figure, increasing
the swirl ratio from 0.5 to 1.5 increases the fuel efficiency by 2.4%, decreases the CH4 and CO

emissions by 13.5% and 11.8%, respectively, and increases NOyx emissions by 50%. It can be seen
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that at medium load-high speed conditions and considering the fact that the maximum allowable peak

pressure is 160 bar, the highest fuel efficiency and lowest CH4 and CO emissions are achieved at a

swirl ratio of 1.5. It can be concluded that under a medium load-high speed condition, the

enhancement of diesel diffusion and flame propagation of natural gas due to the increase of the swirl

ratio is more significant than that of increased heat loss which consequently leads to improved fuel

efficiency.
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Figure 6-15. Effect of the swirl ratio on fuel efficiency and CH4, CO, and NOx emissions of
NDDF combustion under medium load-high speed conditions and DIT= 29 °BTDC.

6.5.1.3.High load-low speed condition (BMEP=17.6 bar and 1120 rpm)

Figure 6-16 shows the pressure, HRR, and heat loss of NDDF combustion at a high load-low speed

condition (BMEP=17.6 bar and 1120 rpm) under different swirl ratios and a diesel injection timing

of 11.4 °BTDC. It can be seen that there is noticeable differences in the heat release rate at high load

condition compared to the two other cases. It is observed that the combustion duration is significantly

reduced and the profile of HRR resembles to a bell shape with a single peak. Similar to the results

obtained under medium load conditions, increasing the swirl ratio significantly improves the diesel

diffusion and flame propagation of natural gas which leads to an increase in the peak of the pressure
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and heat release rate (Figure 6-16a). As shown in this figure, the value of the peak pressure is 132,
141.4, 149.3, and 155.1 bar for a swirl ratio of 0.5, 1, 1.5, and 2, respectively. It is noteworthy to
mention that further increasing the swirl ratio also results in that the peak pressure exceeds the limit
(160 bar). Moreover, similar to the results at low and medium load conditions, the piston and cylinder
wall heat losses increase, and the cylinder head heat loss decreases when increasing the swirl ratio.
However, the total heat loss increases by 6% when increasing swirl ratio from 0.5 (base case) to 2

(Figure 6-16b).
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Figure 6-16. Effect of the swirl ratio on pressure, HRR, and heat loss of NDDF combustion under high load-
low speed conditions and DIT=11.4 °BTDC.

Figure 6-17 shows the OH radical distribution contours of NDDF engine under high load-low
speed conditions for three different swirl ratios. As displayed in this figure, combustion is initiated
near the piston walls (CAD=+1.3 °ATDC) and the flame shape is similar to the diesel spray shape
for all swirl ratios. After initiating near the point of impingement onto the bowl wall, combustion
progresses within each jet in both the azimuthal and radial direction where the higher swirl ratio
exhibits the widest and strongest OH radical distribution (CAD=+5.3 °ATDC). However, in contrast
to the contours presented in Figure 6-5, the progression in the azimuthal direction is more rapid with
a greater intensity of OH radical. It can be observed that increasing the swirl ratio significantly

improves the flame propagation (CAD=+9.3 °ATDC). With increasing the swirl ratio (SR=1.5), the
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flame propagates more rapidly within the piston bowl along the spray axes, and progressively
consumes the fresh charge such that burned gases are detected throughout the entire piston bowl at
CAD=+13 °ATDC. Looking at the contours of +21.3 °ATDC for a swirl ratio of 0.5, the blue non-
reactive zones can be seen in the central region of the piston bowl. However, with increasing the swirl

ratio (SR=1.5), the piston bowl completely fills with high temperature reaction zones.

Figure 6-18 shows the effect of the swirl ratio on fuel efficiency and emissions at high load-low
speed condition. It is observed that increasing the swirl ratio from 0.5 to 1.5 decreases the CH4 and
CO emissions by 22% and 59%, respectively, and increases the fuel efficiency by 2.5%. However,
NOx emissions increase with increasing the swirl ratio. Further increasing the swirl ratio to 2

decreases the fuel efficiency and increases the CH4 and CO emissions due to increased heat losses.
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Figure 6-18. Effect of the swirl ratio on fuel efficiency and CHs, CO, and NOx emissions of
NDDF combustion under high load-low speed conditions and DIT=11.4 °BTDC.

6.6.Conclusions

The effect of swirl ratio on the combustion performance and emissions of a NDDF engine under

three different load-speed conditions (BMEP=4.05 bar and 910 rpm, BMEP=11.24 bar and 1750 rpm,
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and BMEP=17.6 bar and 1150 rpm) were numerically investigated. The main results can be

summarized as follows:

Increasing swirl ratio affected differently on the combustion performance at later and earlier
diesel injection timings under low load-low speed condition. At the injection timing of 14
°BTDC, increasing the swirl ratio from 0.5 to 1.5 enhanced the early stage of the premixed-
controlled combustion. The OH radical distribution revealed that the non-reactive zones tend
to become narrower for higher swirl ratios in the second stage of combustion. The highest
fuel efficiency and lowest CH4 and CO emissions were achieved at a swirl ratio of 1.5 at the
retarded injection timing of 14 °BTDC. However, under an injection timing of 30 ° BTDC,
increasing the swirl ratio slightly improved the mixing-controlled diffusion combustion, but
this improvement was insufficient to compensate for the effect of the increased heat loss. An
increase in the swirl ratio at advanced injection timing resulted in a decrease in fuel efficiency.
At medium load-high speed condition, it was found that increasing swirl ratio significantly
improves the diffusion combustion and turbulent flame propagation of natural gas. The OH
distribution contours showed that OH radical propagated more rapidly in the azimuthal
direction when increasing the swirl ratio from 0.5 to 1.5. Further increase in the swirl ratio
led the peak pressure to exceed the limit (160 bar). Moreover, increasing the swirl ratio from
0.5 to 1.5 increased the fuel efficiency by 2.4% and decreased the CH4 and CO emissions by
13.5% and 11.8%, respectively. However, NOx emissions increased by 50%.

At high load-low speed condition, increasing the swirl ratio significantly improved the diesel
diffusion and flame propagation of natural gas which led to an increase in the peak of the
pressure. The OH radical distribution showed that the combustion progressed within each jet
in both the azimuthal and radial direction. It was found that increasing the swirl ratio from 0.5
to 1.5 decreased the CH4 and CO emissions by 22% and 59%, respectively, while increased

the fuel efficiency by 2.5%. However, this was achieved at high NOx emissions. It was
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observed that further increase in the swirl ratio to 2 decreased the fuel efficiency and increased

the CH4 and CO emissions.

Overall, swirl motion may provide better mixture preparation, diesel diffusion, and natural gas
flame propagation; however, this benefit is offset by higher (increased) heat loss under very high
swirl ratio. Out of the examined engine load-speed conditions and accounting for fuel efficiency and

emissions, a swirl ratio of 1.5 is found to be the optimum.
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Chapter 7: Conclusions and recommendations for future studies

7.1. Research summary and major findings

In this study a combination of experiment and numerical simulation were used to explore the
combustion performance and emissions of a natural gas/diesel dual-fuel engine under different engine
load-speed conditions. Engine experiments were conducted using a modified single cylinder heavy-
duty Caterpillar’s 3401 diesel engine. The engine was modified to accommodate port injection of
natural gas. A CFD model has been developed for natural gas/diesel dual-fuel engine and validated
across a wide range of engine loads-speeds, natural gas energy fractions, and diesel injection timings,
pressures and split ratios. The CFD model developed was able to reasonably capture the experimental
data under various load-speed conditions, including ignition, flame propagation, combustion duration

and emissions, etc.

This thesis primarily focused on low engine load conditions under which the dual fuel engine has
relatively lower thermal efficiency and generates higher unburned methane and CO2 equivalent
emissions compared to diesel engine. Different strategies are examined and/or developed in this thesis
to reduce unburned methane emissions and improve thermal efficiency under low load conditions.
Although natural gas/diesel dual-fuel engine offers similar (or sometimes better) thermal efficiency
and lower CO2 equivalent emissions compared to diesel engine under medium to high load
conditions, the thesis also studied the effect of advancing diesel injection timing and swirl ratio on
dual-fuel engine to further improve the combustion performance and emissions under medium to high

load conditions. The major findings and contributions of this research are summarized below.
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7.1.1. Typical low load condition (BMEP=4.05 bar and RPM=910)

a) Single injection (75% NG, diesel injector rail pressure=525 bar)

Both experimental and numerical results showed that different combustion modes can be
achieved with advancing diesel injection timing. Diesel injection timing of 30 °BTDC is the
critical timing for different combustion modes. The combustion is similar to conventional
diesel engine (diffusion combustion) for diesel injection timings between 10-30 °BTDC (late
diesel injection timings). However, a greater premixed combustion takes place by advancing
diesel injection timing to 30-50 °BTDC. The simulation results demonstrated that OH radical
distribution is more uniform throughout the combustion chamber, which makes the
combustion look like similar to that in a HCCI engine. While advancing diesel injection
timing in the range of conventional diesel injection (10-30 °BTDC) improves thermal
efficiency and emissions of unburned methane, it leads to high PRR and NOx emissions.
However, further advancing diesel injection timing retards the start of combustion and results
in that most of the heat release occurs during the expansion stroke, which yields the highest
thermal efficiency and ultra-low NOx emissions.

Advancing diesel injection timing significantly decreases the unburned methane and CO»-
equivalent emissions of natural gas/diesel dual-fuel engine under low load-low speed
conditions. Simulation results showed that the central region of the combustion chamber is
the main source of unburned methane emissions. Advancing diesel injection timing
significantly improves the combustion of natural gas-air mixture in the central region of the
combustion chamber. However, advancing diesel injection timing slightly increases the
unburned methane trapped in the crevice volume. This slight increase in the unburned
methane in the crevice volume is much lower compared to the significant decrease of the

unburned methane in the central region of combustion chamber when diesel injection timing
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is advanced. This is the reason that advancing diesel injection timing significantly decreases

the unburned methane emissions under low load-low speed conditions.

b) Split injection (first pulse timing sweep, SODI2=10 °BTDC, Split ratio=60%, diesel injector rail

pressure=525 bar, 75% NG)

Comparing the results of diesel split injection with that of single injection timing of 10 °BTDC
reveals that the heat release produced by first injection of diesel fuel considerably increases
the in-cylinder charge temperature before the start of the second injection. The flame zone of
the split injection mode is markedly higher than that of the single injection (10 °BTDC) due
to larger heat release produced during the first injection which promotes the combustion of
the second one. When the first injection timing is close to the second injection timing (first
injection timings of 28, 30, and 34 °BTDC), the advancement of the first injection timing
leads to increased peak of the in-cylinder pressure and HRR. This is mainly due to the
advancement of combustion phasing. Further advancing first injection timing (38-55 °BTDC)
retards the SOC and shifts the combustion phasing away from TDC, leading to decreased peak
of the in-cylinder pressure.

Numerical simulation results show that when the first injection timing is close to the second
injection (i.e., SOI1=30 °BTDC), the second injected diesel fuel spray is close to the high
temperature region resulting from the first injection of diesel fuel. Thus, the spray of the
second injection and the initial stages of flame kernels of the first injection interact with each
other. Consequently, the effect of the first injection is more profound, which leads to increased
ignition area of the in-cylinder mixture, advanced SOC, and increased in-cylinder peak
pressure. Further advancing the first injection timing (38-55 °BTDC) weakens its influence
on the combustion of the second injected diesel fuel. This is due to the fact that under
advanced first injection timings (i.e. 42 and 50 °BTDC), the second injected diesel fuel spray

is located far away from the high temperature region that results from the first injection of
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diesel fuel. Under this condition, very advanced first injection timing leads to longer ignition
delay, which promotes air-fuel mixing and the formation of leaner air-natural gas and diesel
fuel mixture. Thus, SOC and combustion phasing are retarded which lead to reduced peak in-
cylinder pressure.

Under low load-low speed conditions, the highest thermal efficiency of 38.04% was achieved
at an optimum condition (SODI1=50 °BTDC, fixed SODI2=10 °BTDC, and split ratio of
60%). This shows an increase of 8.9% in thermal efficiency compared to single diesel
injection timing of 10 °BTDC. Moreover, compared to single injection of 10 °BTDC, using
diesel split injection (optimum point mentioned above) decreases the unburned methane and
CO emissions by 60% and 63%, respectively. However, NOx emission was maintained at the

same level as that of single injection timing of 10 °BTDC.

¢) Combination of injection rail pressure increase and diesel split injection (sweep of first and second

pulse timings and split ratio, increase of rail pressure, 70% NG)

The experimental results show that increasing the injection rail pressure advances the
combustion phasing of dual-fuel engine with split injection at split ratios of 45, 50, and 55%
but retards the combustion phasing under split ratios of 60 and 65%. The numerical results
further reveal the mechanism behind this observation. According to the simulation results, at
lower split ratios, less diesel fuel reaches the cylinder wall and squish regions during the first
pulse. Thus, the effect of increased injection rail pressure on the atomization and evaporation
process is more significant which shortens the ignition delay and advances the combustion
phasing. At high split ratio (e.g., split ratio of 65%), a larger portion of diesel fuel is located
in the region close to the cylinder’s low temperature wall region. Thus increasing the injection
rail pressure leads to a slower evaporation process of the first pulse of injected diesel, which

lengthens the ignition delay and retards the combustion phasing.
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Increasing the injection rail pressure significantly reduces the unburned methane emissions
of dual-fuel engine with split injection, especially at lower split ratios. However, increasing
the injection rail pressure does not affect the unburned methane emissions under a higher split
ratio (such as 65%). This is due to the fact that at a higher split ratio, a larger portion of diesel
fuel impinges onto the cylinder wall which retards the combustion phasing and may not
significantly improve the combustion rate and unburned methane emissions. The optimum
methane emissions with split injection is 50% lower compared to the best condition of dual-
fuel engine with a single injection. Moreover, the lowest ISCO2 equivalent emissions of dual-
fuel engine with split injection is 640 g/kW-hr, which is 11% lower compared to those of

dual-fuel engine with a single injection and diesel engine.

d) Swirl ratio increase (diesel injection timings of 14 and 30 °BTDC, rail pressure=525 bar, 75%

NG).

Numerical simulation results reveal that increasing swirl ratio affected differently the
combustion performance at later and earlier diesel injection timings under low load-low speed
condition. At an injection timing of 14 °BTDC, increasing the swirl ratio from 0.5 to 1.5
enhances the early stage of the premixed-controlled combustion. OH radical distribution
reveal that the non-reactive zones tend to become narrower for higher swirl ratios in the
second stage of combustion. The highest fuel efficiency and lowest CH4 and CO emissions
are achieved at a swirl ratio of 1.5 at a retarded injection timing of 14 °BTDC. However,
under an injection timing of 30 °BTDC, increasing the swirl ratio slightly improve the mixing-
controlled diffusion combustion, but this improvement is insufficient to compensate for the
effect of the increased heat loss. An increase in the swirl ratio at an advanced injection timing

of 30 °BTDC decreases fuel efficiency.
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7.1.2. Medium to high load conditions (BMEP=12.15 bar, RPM=910 and BMEP=17.6 bar,

RPM=1120)

a) Single injection (injection timing sweep, 65% and 90% NG, Rail pressures of 525 and 800 bar)

Numerical simulation results show that, under medium to high load-low speed conditions
after the initiation of chemical reaction near the point of impingement onto the bow! wall,
combustion rapidly progresses within each jet in both the azimuthal and radial directions. It
can be observed that multiple flames propagate simultaneously within the piston bowl along
the spray axes and progressively consume the fresh charge. This behavior suggests that flame
propagation could be the predominant combustion mode under this engine condition.

Under these conditions, unburned methane emissions increase while COz-equivalent
emissions do not significantly change when advancing diesel injection timing. Almost all of
the premixed natural gas-air mixture in the central region of the combustion chamber burns
even with a retarded injection timing (e.g., DIT=10.5 °BTDC) under these conditions. Further
advancing diesel injection timing does not significantly improve the combustion of natural
gas-air mixture in the central region of combustion chamber. The unburned methane trapped
in the crevice region, which is considered as the main source of CH4 emissions under these
conditions, slightly increases when advancing the diesel injection timing. This is why
advancing diesel injection timing slightly increases the unburned methane emissions under

medium to high load-low speed conditions.

b) Swirl ratio increase (diesel injection timing of 11.4 °BTDC, rail pressure=800 bar, 75% NG)

Numerical simulation results reveal that, under high load-low speed conditions (BMEP=17.6
bar and RPM=1120), increasing the swirl ratio significantly improves diesel diffusion
combustion and flame propagation of natural gas, which leads to an increase in the peak

cylinder pressure. OH radical distribution shows that combustion progresses very rapidly
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within each jet in both the azimuthal and radial direction when increasing the swirl motion. It
is found that increasing the swirl ratio from 0.5 to 1.5 decreases CH4 and CO emissions by
22% and 59%, respectively, while increases fuel efficiency by 2.5%. However, this is
achieved at high NOx emissions. It is observed that further increase in the swirl ratio to 2
decreases fuel efficiency and increases CH4 and CO emissions. Swirl motion may provide
better mixture preparation, diesel diffusion combustion, and natural gas flame propagation;

however, this benefit can be offset by higher heat loss under very high swirl ratio.

7.2. Recommendations for future studies

Although various advanced combustion strategies have been developed and examined for natural

gas/diesel dual fuel combustion, there are still certain areas which need further research. Some of

these areas are outlined as follows:

1.

In order to achieve ultra-low NOx emissions while improving thermal efficiency and GHG
and soot emissions of natural gas/diesel dual-fuel engine, a combined application of EGR and
other strategies (e.g., advanced diesel injection, increased injection rail pressure, and diesel
split injection) are necessary. For example, the results of this study revealed that even when
using diesel split injection, the generated NOx emissions is still higher than the limit set by
the current emissions regulation (i.e. EPA Tier 4, Engine 130-560 kW, NOx=2 g/kW-hr [1]).
Although many experimental studies have investigated the effect of EGR on dual-fuel
combustion [2-6], the fundamental impact of EGR on combustion and emissions of natural
gas/diesel dual-fuel engine has not been yet examined. Moreover, the interaction between
EGR rates, EGR temperature, engine load-speed and the resultant emissions are highly
complex. Therefore, further experimental and numerical studies are needed to develop an
understanding of the EGR effects on the NOx and GHG emissions at different engine load-

speed conditions and injection strategies.
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2. As revealed by the results of the study of the combined diesel split injection and increased

injection rail pressure of dual-fuel combustion, usually very early diesel injection timing with
high split ratio and injection rail pressure can cause fuel impingement, which results in
incomplete combustion. Thus, more effort should be devoted to the control of the spray to
alleviate fuel deposits. The effect of varying the number of injector holes and spray angles
can be taken into consideration.

It is found that advancing diesel injection timing does not decrease CO2 equivalent emissions
of natural gas/diesel dual-fuel engine at medium to high load conditions. Moreover, it
significantly increases NOX, cylinder peak pressure, and PRR. Therefore, examining diesel
split injection strategy are needed to achieve high thermal efficiency as well as to determine
a trade-off between NOx-CH4 and NOx-CO2 emissions under medium to high load
conditions.

It is revealed that the crevice regions are the main source of unburned methane emissions
under medium to high load conditions. As shown in this study, advancement of diesel
injection timing slightly increases unburned methane emissions. However, the trapped
unburned gas flows back during expansion stroke where the combustion temperature is not
high enough to burn it. Therefore, using post injection could help in decreasing the trapped
unburned gas in the crevice region. There is almost no study in the literature that examine the
effect of post injection (e.g., triple injections: two pulses before TDC and one post injection)
in natural gas/diesel dual-fuel engine. Therefore, more experimental and numerical works are

needed to test the post injection strategies under medium to high load conditions.
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Appendix

Two CFD models were developed based on AVL-FIRE and CONVERGE software. The former was
used in Chapter 2 and Chapter 3, and the latter was employed in Chapter 4 to Chapter 6. As shown
in this study, both models predicted well the combustion behavior and emissions of natural gas/diesel
dual-fuel engine under low load conditions. However, AVL-FIRE was not able to predict flame
propagation under medium to high engine load conditions. This was the main reason that CONVRGE
software was introduced as a more reliable CFD tool for the rest of this thesis. It was noted that all of
the used models and sub-models were similar for both developed CFD models except the meshing
procedure. As shown in Chapter 2 and Chapter 3, AVL-FIRE uses constant average grid size during
the closed cycle simulation. However, CONVERGE includes several tools for controlling the grid
size before and during the simulation. For example, grid scaling coarsens or refines the base grid size,
fixed embedding refines the grid at specified locations and times and, adaptive mesh refinement
(AMR) automatically changes the grid based on fluctuating and moving conditions. These tools
enabled us to predict the spray behavior and flame propagation of dual-fuel combustion when using
CONVERGE software. In the following section, CONVERGE's grid control techniques are explained
in detail and then the predicted results of both CONVERGE and AVL-FIRE are compared with that

of experiments at low to high load conditions.

A.1l. Grid control in CONVERGE

A.1.1. Grid scaling

Grid scaling refers to changing the base grid size at specified times during simulation. Grid scaling

can greatly reduce runtime by coarsening the grid during non-critical simulation times and can help
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capture critical flow phenomena by refining the grid at other times. For example, for an in-cylinder
diesel engine simulation that includes spray and combustion modeling, the grid needs a higher
resolution to ensure accurate results during spray and combustion but lower grid resolution may be

sufficient during compression [1].

A.1.2. Fixed embedding

Fixed embedding is used to refine the grid at specific locations in the domain where a finer resolution
is critical for the accuracy of the solution. For example, when simulating sprays, an area of fixed
embedding can be added by the nozzle to resolve the complex flow behavior as shown in Fig. A.1.

Fixed embedding allows the rest of the grid to remain coarse to minimize the simulation time.

Fig. A.1: A grid generated using a nozzle embedding

A.1.2. Adaptive mesh refinement

Adaptive Mesh Refinement is used to automatically refine the grid based on fluctuating and moving
conditions such as temperature or velocity. This option is useful for a highly refined grid to accurately
simulate complex phenomena such as flame propagation or high velocity flow without unnecessarily
slowing the simulation with a globally refined grid [1,2]. Ideally, a good AMR algorithm adds higher
grid resolution (embedding) when the flow field is mostly under-resolved or when the sub-grid field
is the largest (i.e., where the curvature gradient of a specified field variable is the highest). The AMR
method in CONVERGE estimates the magnitude of the sub-grid field to determine when

CONVERGE adds embedding.

187



A.2. Predicted results of AVL-FIRE and CONVERGE

Figures A.2 shows the predicted in-cylinder pressure and HRR of natural gas/diesel dual-fuel engine
at BMEP=4.05 bar and engine speed of 910 rpm. As mentioned in Chapter 1, at low engine loads,
there is no flame propagation of premixed natural gas/air mixture. At these conditions, the bulk of
energy release comes from the ignition and subsequent rapid combustion of pilot diesel and a small
part of entrained natural gas-air mixture. As shown in Fig. A.2a, AVL-FIRE can capture the
experimental data of natural gas/diesel dual-fuel engine under low load conditions. However, it can
be seen that HRR is slightly under-predicted during the last stage of combustion. As mentioned in
Figure 1-2a of Chapter 1, this small energy comes from the bulk of the gaseous fuel-air charge farther
away from the diesel spray plume (stage 111) [3] where AVL-FIRE is unable to predict it. However,
it can be observed in Fig. A.2b that CONVERGE is able to predict the last stage of combustion. This
iIs mainly due to a better grid refinement in the spray and ignition kernel regions (owing to fixed

embedding and AMR).

Under medium to high engine load conditions, after premixed combustion of the pilot diesel and
entrained natural gas and diffusion combustion of diesel, turbulent flame starts to propagate from the
ignition kernels (Figure 1-2b, Stage 1) [3]. Figures A.3 shows the predicted in-cylinder pressure and
HRR of natural gas/diesel dual-fuel engine at BMEP=11.24 bar and engine speed of 1750 rpm. It can
be seen, from A.3a, that AVL-FIRE is not able to capture the flame propagation. However, the use
of AMR and fixed embedding with small enough cell sizes (0.25 mm to 0.5 mm) in the flame region
adequately resolves the turbulent flame front and the species gradients without the need of any sub-
grid model [4,5]. In this study, AMR based on the third derivative of shear and normal components

of velocity and temperature was used to resolve flow and propagating flames in the engine.
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Fig. A.3: Predicted cylinder pressure and HRR at a medium load condition using AVL-FIRE or

CONVERGE
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